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Abstract
As mankind attempts to look deeper into the universe, increasingly larger space tele-
scopes will be needed to achieve the levels of resolution required to perform these
missions. Due to this increase in size, increasing emphasis will be placed on design-
ing lightweight, efficient structures in order to reduce structural mass and minimize
launch costs. This thesis discusses several issues related to the design of lightweight
space telescopes.
Three topics are presented. The first topic deals with the design of a secondary
mirror support structure. A simple tripod design is studied and optimized in detail.
Several baffle-type designs are also studied and compared to the tripod. Finally, the
buckling behavior of the bars in the structures is considered. The second topic deals
with localized effects around the attachment points of actuators on a deformable
mirror. Using a least-squares method and the coefficient of multiple determination,
deformation results from a finite element model are compared to an ideal deformation
shape obtained from beam bending theory. Using these results, an optimum set of
dimensions is found for the actuator standoff posts that minimizes the deviation of
the finite element results from the ideal shape. Finally, the third topic deals with
launch loads, which are usually the most severe loads a spacecraft will encounter. A
quasi-static launch load analysis procedure is implemented for a finite element model
of a hexagonal mirror segment, and a mathematical framework for dynamic analysis
is identified.
Parameterized, medium-fidelity finite element models are utilized throughout the
thesis. These models allow for rapid evaluation of a large number of different designs,
and can be used to evaluate large design spaces in order to find optimum designs.
Thesis Supervisor: David W. Miller
Title: Professor of Aeronautics and Astronautics
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Chapter 1
Introduction
As mankind attempts to look deeper into the universe, the demands on the capabil-
ities of the optical systems used to make these observations will become ever more
stringent. Increasingly larger telescopes will be needed in order to achieve the levels
of resolution required for these extremely demanding missions, such as finding Earth-
like planets around distant suns. Due to the growing size of space telescopes, there
will be a large emphasis on reducing structural mass to minimize launch costs. At the
same time, however, these structures must still be rigid enough to minimize vibra-
tions and deformations that may degrade the images produced by the telescope, and
strong enough to survive the harsh loads encountered during a launch to orbit. Tele-
scope designers will need to construct efficient and optimized structures to meet these
demands. Of course, new technologies will be developed that will help to improve
structural performance. Available materials will likely continue to become lighter
and stronger, and control systems to counteract the loads exerted on structures and
optical elements are currently being developed. However, even with the assistance
of these technologies, developing an efficient fundamental structural design will be
critical to allowing future telescopes to achieve the levels of performance demanded
from them.
Designers of space telescopes will also face unique challenges due to the fact that
space telescope structures cannot be fully tested prior to launch. Gravity causes
mirrors and structures to sag under their own weight on Earth, so these elements will
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not assume their intended shape until they reach the microgravity environment of
orbit. This means that problems with an ill-designed structure may not be detected
until the spacecraft is in orbit, at which point it will likely be too late to fix the
problems. Due to this difficulty, designers will be responsible for developing robust
and dependable methods for evaluating structural performance.
The purpose of this thesis is to explore several of the structural design challenges
that will face the designers of these new large, lightweight telescopes. Several topics
of interest will be discussed, including design and optimization of secondary mirror
support structures, spreading of the actuator loads applied to deformable mirrors,
and consideration of the loads encountered during launch.
1.1 Modular Optical Space Telescope (MOST)
A large portion of the work described in this thesis, particularly in Chapters 2 and 4,
relates to the development of the Modular Optical Space Telescope (MOST) design.
The purpose of MOST is to develop technologies that will be used in future genera-
tions of space telescopes, such as lightweight mirrors and support structures, and the
use of mirror shape control [35].
MOST makes use of a parametric approach to modeling, which is utilized for many
of the analyses in this thesis. In this approach, medium-fidelity finite element models,
consisting of thousands to tens of thousands of degrees of freedom, are constructed
in MATLAB for use in Nastran. The physical dimensions and material properties of
the models are defined in special parameter files. The user may edit these parameters
to generate wide design spaces over which to conduct trade studies. Due to the lower
fidelity of the models used in this approach, the results will not achieve the accuracy
or detail that may be obtained for a typical high-fidelity finite element model of a
fully-developed product, which may include millions of degrees of freedom. However,
the lower fidelity and smaller size of the parameterized models means that they are
less computationally expensive to evaluate than a large, highly detailed model.
MOST also takes parameterization a step further by including a modular pro-
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gram structure for its finite element model generation code. As will be described in
Chapter 2, this modularity allows a designer to create several different designs for a
single component. The designer may choose which design to use during model gener-
ation by setting a switching parameter in the parameter file. This expands the design
space of MOST beyond dimensions and material properties and into variations of the
structural architecture itself. Figure 1-1 shows a few of the wide range of telescope
architectures that can be modeled by MOST.
(a) Tripod tower with cross- (b) Twelve-bar hexagonal (c) Solid cylindrical baffle,
bars, segmented hexagonal baffle frame, monolithic cir- monolithic circular mirror
mirror cular mirror
Figure 1-1: Three different realizations of the MOST finite element model.
The small model size, along with the flexibility afforded by parameterization,
allows a designer to rapidly generate and evaluate a wide range of designs. For
instance, using this parametric modeling approach, a designer may select a range
of parameters, and then can instruct a desktop computer to use these parameters to
generate and evaluate several thousand designs over a weekend. This type of approach
may be particularly useful during the preliminary design stages of a system, where
identifying trends relating to changes in a design is typically more important than
obtaining extremely detailed information about a single point design.
21
1.2 Literature Review
Several of the analyses described in this thesis drew from previous work, especially
in instances where theory was compared with results obtained from finite element
models. Some of these sources also include information that is beyond the scope of
this thesis, but that may be of particular interest for other related research. Sources
of information for the topics that drew the most from previous work are included
here.
1.2.1 MOST
Information about MOST and some of the results obtained from the project so far are
available from several sources. Jordan, Stewart, Uebelhart, Howell, and Miller [21]
gave an overview of the MOST model and parametric modeling approach. Single-
parameter trade studies that were focused on the rib-stiffened mirror and SST designs
were also included, as well as preliminary results from a full trade space analysis.
Cohan, Jordan, and Miller [15] described the control systems available in the MOST
model, and defined the optical performance metrics used to evaluate the system's
performance. The MOST design space was also expanded to include different control
system combinations. Howell, de Weck, and Miller [19] analyzed the fidelity of the
MOST primary mirror and secondary support structure using spatial Nyquist criteria.
Uebelhart [35] gave the most comprehensive overview of MOST, including a de-
scription of its modular finite element model generation code. The MOST model was
validated through comparison of mass values and vibration frequencies with a Terres-
trial Planet Finder Free Flying Interferometer model provided by JPL. The results of
a number of uni- and bi-variate parameter trades were provided, as well as the results
of a large trade space analysis. The uncertainty in the results produced by the model
was analyzed through critical parameter analysis, which determined the impact of
several parameters in the MOST design on the uncertainty of the entire system.
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1.2.2 Secondary Support Tower Design
In Chapter 2, several secondary support tower designs are analyzed and compared.
A similar analysis was performed during the design of the Giant Magellan Tele-
scope (GMT). Gunnels, Davison, Cuerden, and Hertz [18] mentioned that several
secondary truss designs were considered for GMT. The final GMT secondary truss
assembly, shown in Figure 1-2, was selected from a group of ten different truss designs.
Figure 1-3 shows some of the designs considered.
Figure 1-2: Giant Magellan Telescope (GMT) [18].
Section 2.2.3 discusses observing the fundamental vibration mode of a structure
in order to determine where to add additional struts. However, this particular ap-
plication of mode consideration is not the only way in which modal analysis can be
used to improve the design of a space telescope. Lieber [27] discussed a concept called
Dynamic Optical Design (DyODe), in which structural dynamic phase information
is incorporated into optical design. In particular, a space telescope example was pre-
sented in which two methods of mounting the secondary mirror are evaluated. In
one case, a tripod mount, the effects on the light path from the translational and
rotational motions of the secondary mirror in the structure's fundamental vibration
mode tended to cancel out, so the resulting image motion was small. Figure 1-4 il-
lustrates the effects of this motion. In contrast, for a baffle mount, the effects on
the light path from translational and rotational motions of the secondary mirror in
23
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Figure 1-3: Some of the designs considered for the GMT secondary truss
assembly [18].
the fundamental vibration mode were additive, so the image motion was much larger
than for the tripod case. Figure 1-5 illustrates the effects of this motion.
1.2.3 Buckling of Axially-Loaded Cylindrical Shells
Section 2.4 discusses the buckling behavior of tubular SST struts, which can be
thought of as long cylindrical shells, under axial loads. Fortunately, this is a topic
that has been studied in great depth in the past, so a large amount of literature on
the subject is available.
Batdorf, Schildcroft, and Stein [10] worked to extend the range of existing empir-
ical results, and used theoretical results in order to achieve a rational interpretation
of buckling test data. An expression for the knockdown factor, discussed further
in Section 2.4.1, was obtained in terms of the cylinder's radius-to-thickness ratio for
intermediate-length and long cylinders. Mikulas [31] presented basic equations for
24
Concave Coupled
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Rays To
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primary plane
mirror
Figure 1-4: Tripod fundamental vibration mode, in which the effects on the light
path from the translational and rotational motions of the secondary mirror cancel
each other out [27].
Coupled till/
translation
additive.
Rays from 0
primary focal
mirror plane
Figure 1-5: Baffle fundamental vibration mode, in which the effects on the light
path from the translational and rotational motions of the secondary mirror are
additive [27].
the local and Euler buckling loads for thin-walled tubular columns, and included
structural efficiency expressions. Lake, Peterson, and Mikulas [26] derived back-of-
the-envelope expressions for the mass of intermediate-length and long axially-loaded
tubular columns optimized to maximize critical buckling load. They also extended
the structural efficiency expressions included in Mikulas's earlier work to truss and
isogrid columns in order to compare them to tubular columns.
NASA SP-8007 [36] was the most comprehensive source of information on the
buckling of thin-walled cylinders found during this research. It includes equations for
conservative buckling load estimates for isotropic, orthotropic, sandwich, and elastic
core cylinders under a variety of loads, including external pressure, axial compression,
bending, and torsion.
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1.2.4 Launch Loads
Chapter 4 discusses designing space telescope structures to survive launch loads. As
the majority of the author's introduction to launch loads occurred while working at
the Aerospace Corporation in El Segundo, California, much of the information for the
chapter has been drawn from Aerospace Corporation sources. The author was first
introduced to launch loads during a discussion with Jeff Lollock and Ryan Tuttle of
the Aerospace Corporation's Structural Dynamics Department [29]. Further informa-
tion was obtained from a number of Aerospace Corporation publications. Kabe [22]
provided a general summary of the various loads encountered by the coupled space-
craft and launch vehicle during launch, and discussed the processes and considera-
tions necessary to design a spacecraft structure to survive a launch. Kabe, Kim, and
Spiekermann [24] gave a description of the Load Cycle Process, a design process rec-
ommended by the Aerospace Corporation and used by the United States Air Force
to design spacecraft structures to withstand launch loads.
Further information was found in the class notes for the Launch Systems Overview
course [23, 37] offered by the Aerospace Institute, the Aerospace Corporation's edu-
cational organization. The course consisted of a series of lectures on all aspects of
launch given by experts in each topic covered. The lectures included such topics as
launch operations and facilities, mission planning, and space launch economics, as
well as descriptions of the engineering disciplines needed to design a launch vehicle.
Vehicle-specific data have been drawn from the payload planner's guides for sev-
eral of the main launch vehicles currently used by the United States government. The
guides are public-release documents published by launch providers, and they are in-
tended to facilitate the design of spacecraft to be compatible with the launch vehicles.
Although this thesis has focused on their "Launch and Flight Environments" chapters,
these guides provide a wide range of information beyond this subject, including such
varied topics as launch vehicle descriptions and performance charts, specifications for
payload fairings and payload attach fittings, descriptions of launch operations and
facilities, and integration and processing timelines. The payload planner's guides for
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the Boeing Delta II [13] and Delta IV [12] and the Lockheed Atlas V [20] vehicles
have been used for this thesis, as these vehicles comprise the main component of the
United States' current medium- and heavy-lift capability.
1.3 Thesis Overview
This theses discusses several structural design issues related to lightweight space tele-
scopes. The topics are presented chronologically, in the order that they were studied
by the author.
Chapter 2 discusses the design of secondary mirror support structures. The mod-
ular programming approach of MOST is utilized to provide a framework for testing
a variety of structures. A simple tripod design is studied in detail. Optimization of
the tripod is achieved by varying the materials and strut cross-sections, as well as
strategically adding extra structural members based on the fundamental vibration
frequency of the tripod. A variety of baffle-type structures, including solid baffles
and baffle-supporting frames, are analyzed and compared to the tripod design. The
chapter concludes with an analysis of the buckling behavior of the individual bars of
the structure.
Chapter 3 concerns minimization of the localized effects around the attachment
points of actuators on a deformable mirror. Beam bending theory is applied to the
problem in order to obtain an ideal bending shape for the mirror's face sheet. Next,
a parameterized finite element model of a section of the mirror is developed in order
to capture the effects of a single actuator on the deformation of the mirror. Finally,
the dimensions of the posts attaching the actuators to the face sheet are varied.
The calculated deformations from the finite element model are compared to the ideal
deformation shape, obtained earlier from the beam bending theory, using the method
of least squares and the coefficient of multiple determination. From these results,
an optimum set of post dimensions is obtained that minimizes the deviation of the
calculated face sheet deformations from the ideal shape.
Chapter 4 discusses launch loads, which are usually the most severe loads a space-
27
El
craft will encounter. The chapter begins with an introduction to the Load Cycle Pro-
cess, a recommended process for designing a spacecraft structure to survive launch,
and an overview of the load sources and types of loads encountered during launch.
Next, a quasi-static analysis method is implemented to evaluate the loads on a single
MOST hexagonal mirror segment. Problems regarding the calculation of stress in
the medium-fidelity model are identified, and attempts are made to mitigate these
problems. Finally, a mathematical framework for dynamic loads analysis, which can
be applied to the segment finite element model once the stress calculation problems
are resolved, is identified.
Finally, Chapter 5 concludes the thesis. It details the major contributions of the
thesis, and gives recommendations for future work.
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Chapter 2
Secondary Support Tower Design
and Optimization
An orbital telescope usually makes use of multiple optical elements to collect incom-
ing electromagnetic radiation and direct it toward the telescopes's instruments. For
example, MOST, a version of which is illustrated in Figure 2-1, models a Cassegrain
telescope. In this type of telescope, a large primary mirror reflects incoming light
toward a smaller secondary mirror. The secondary mirror, in turn, reflects the light
toward a hole in the center of the primary mirror, behind which lie the instruments.
MOST also adds a tertiary fast-steering mirror to actively reduce line-of-sight jit-
ter. In order to obtain a high-quality image using such a system, a stiff structure is
required to keep all of these optical elements aligned.
The modular program code used to generate a MOST model allows a telescope
designer to program a piece of MATLAB code to generate a finite element model of
a new telescope structure, and then easily integrate this into the existing code used
to generate the rest of the telescope model. MOST's parameterization also allows
the user to vary the physical attributes of the structural model. Multiple structural
designs may be coded, and a switching parameter may be used to choose between
these designs when a simulation or analysis is performed. These capabilities give
MOST the flexibility to allow a structural designer to evaluate a wide design space
and to easily optimize the structure.
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Figure 2-1: MOST, with a monolithic primary mirror and tripod SST.
The telescopes modeled by MOST consist of two portions, as shown in Figure 2-2:
the optical telescope assembly (OTA), which contains the mirrors that direct the in-
coming light to the instruments, and the bus, which contains the telescope's instru-
ment payload and all of the other necessary spacecraft systems, such as solar panels
and reaction wheels. MOST's modular code and parameterization allowed for the
evaluation of several designs for the secondary support tower (SST), which is the
structural part of the OTA that holds the secondary mirror in line with the primary
mirror. A simple three-strut tripod design, as shown in Figure 2-2, was extensively
analyzed and optimized. Several other designs were also analyzed, although not as
thoroughly as the tripod. The overall objective of this chapter is to use these examples
to show how optimization of a structure may be performed within the parameterized
framework of the MOST design program.
In order to allow for comparison, a single set of parameters was used for all SST
designs analyzed in this chapter. These parameters are listed in Table 2.1.
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Figure 2-2: Side view of MOST, showing the OTA and the bus sections.
Table 2.1: MOST parameters used for all SST designs.
Mirror Type Circular monolithic
PM diameter 5 m
F-number 1.5
Final focal ratio 20
2.1 Metrics
Three metrics were used to evaluate the performance of the candidate SST designs:
SST mass, primary mirror obscuration, and fundamental vibration frequency. As
with any other spacecraft design, a minimum structural mass is desired, as it gives a
reduction in launch cost or allows allocation of more of the spacecraft's mass budget to
the payload and other systems. Minimizing the area of the primary mirror obscured
by the SST is also desired in order to allow as much incoming light as possible to
reach the mirror.
Primary mirror obscuration is determined using a simple calculation. A circular
monolithic primary mirror is assumed, and a flat projection of the mirror onto the
the telescope's x-y plane (the plane normal to the telescope's line of sight) is used in
order to simplify the calculations. Additionally, the arriving light is assumed to be
collimated and aligned normal to the flat mirror projection. Under these assumptions,
the percentage of the mirror obscured by the structure is calculated as the area of
the vertical projection of the SST onto the flat mirror projection, divided by the
31
area of the flat mirror projection. Since the secondary mirror sits above the hole in
the primary mirror, it is not accounted for in the obscuration calculation. Although
this calculation does not take into account such optical effects as diffraction, it gives
results that are sufficient for evaluating and comparing the SST designs.
In addition to minimizing these metrics, the SST's fundamental vibration fre-
quency must be no less than 20 Hz. This requirement is intended to ensure that
the SST is stiff enough to survive launch. Launch loads are discussed further in
Chapter 4, but, since the SST work described in this chapter was done prior to the
work described in Chapter 4, no further requirements were used to ensure launch
survivability.
With all of this information in mind, an ideal SST design is one that minimizes
both mass and obscuration while meeting the minimum fundamental frequency re-
quirement.
2.2 Tripod SST Designs
The tripod SST, illustrated in Figure 2-3, is a simple design that consists of three
struts that lead from the corners of the triangular optics bench, behind the primary
mirror, and meet at a point above the secondary mirror. The secondary mirror is
attached to the SST by a small connection truss.
The primary mirror obscuration, QpM, for the tripod SST is calculated as
Q 3 pMlwstrut
PM = 2 (2.1)
PM
where rpM is the radius of the primary mirror and Wstrut is the width of the vertical
projection of an SST strut onto the x-y plane. This calculation takes only the three
main tripod struts into account. From the point-of-view of the primary mirror, the
secondary mirror connection truss lies entirely behind the secondary mirror, so it does
not contribute to the primary mirror obscuration.
The tripod SST is a good candidate for use as an example of SST optimization,
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Figure 2-3: MOST OTA, with a tripod SST.
as its simple design means that there are not a large number of design parameters
to consider. Since the purpose of the SST is to keep the secondary mirror centered
over the primary mirror, there is no reason to vary parameters for only a single
strut, as doing so would cause asymmetry in the design. Therefore, any strut design
variations should apply to all three struts, which means that only a single set of
strut parameters needs to be varied rather than three independent sets. However,
even with this simplicity, there are still enough parameters available, such as strut
material and cross-section, to provide a reasonably large design space for exploration.
Furthermore, strategically adding additional structural members adds further depth
to the problem, and, while it increases the complexity of the SST, it still keeps the
number of parameters to consider reasonably low.
2.2.1 Materials
Prior to the optimization described here, a simple tripod consisting of aluminum rods
with a solid circular cross-section had been coded for use with MOST. The type of
aluminum modeled had a Young's modulus of 70 GPa and a density of 2700 kg/m 3.
Although aluminum is widely used and is a strong, lightweight material, better ma-
terials are available. The first analysis performed in the optimization of the tripod
SST compared aluminum to carbon fiber reinforced plastic (CFRP).
As CFRP is a filamentary composite, it is typically an orthotropic material. How-
ever, the MOST tripod model consists of one-dimensional CBAR elements, which
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only allow modeling of isotropic materials. Since most of the loads experienced by
the tripod struts occur near the ends of the struts, it was assumed that most of the
stress in the struts would be a result of axial loading and bending, both of which
generate axial stresses in a bar. Therefore, a uniaxial fiber orientation, aligned with
the long axis of the struts, was assumed. The material properties used were obtained
from Ashby and Jones, which gives a Young's modulus of 189 GPa and a density
of 1500 kg/m 3 for CFRP [9].
It should be noted that a uniaxial CFRP strut will be less stiff in torsion than in
axial loading or bending. This is not a problem as long as axial loading and bending
dominate the behavior of the struts, but the isotropic model may produce inaccurate
results if torsion and transverse mid-strut loading are significant. This problem may
be remedied by assuming a so-called "quasi-isotropic" composite ply layup rather
than a uniaxial layup, which is discussed later in this section.
Three different cases were analyzed. Each case was analyzed using struts with
an ellipsoidal cross-section. The dimensions of the ellipsoid were defined by a shape
factor, S, given as
A
S =- A(2.2)B
where B is the cross-section width along the direction parallel to the x-y plane, and A
is the cross-section height in the direction perpendicular to B and the long axis of
the strut; in other words, A and B are the lengths of the major and minor axes
of the elliptical cross-section. For all tests, only the strut cross-section dimensions
were varied; the lengths of the struts, which are calculated in order to place the
secondary mirror at the correct distance away from the primary mirror, were not
altered. Only the three tower struts and the optics bench frame were included in the
finite element model, thus forming a six-strut tetrahedron. The optics bench frame
bars were assumed to have the same properties as the tower struts. For each case, the
shape factor was varied, and a modal analysis was performed in Nastran to calculate
the model's fundamental vibration frequency.
The first material analyzed was aluminum. For the circular strut cross-section,
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with S equal to one, the value of both A and B was 50 mm, which gives a cross-
sectional area of about 0.0020 m 2 . The values of A and B for the rest of the shape
factors analyzed were chosen so that the cross-sectional area would be equal to this
circular cross-sectional area. The area of the elliptical cross-section, a, is given by
a = r -) () = IFAB (2.3)2 2 4
Substituting Equation 2.2 into Equation 2.3 and rearranging gives an expression for B
for a fixed cross-sectional area:
4 7r aB = (2.4)
Once B is calculated, A can be calculated by substituting B into Equation 2.2:
A = SB (2.5)
The two remaining material cases both involved CFRP. The first CFRP case
used cross-sectional areas equal to 0.0020 m2 in order to compare the stiffness of the
aluminum SST with a CFRP SST of equal strut size and - since the primary mirror
obscuration is directly related to strut width - equal primary mirror obscuration.
The second CFRP used cross-sectional areas that gave the same strut mass per unit
length as the aluminum SST in order to compare the stiffness of an aluminum SST
with a CFRP SST of equal mass. The mass, m, per unit length, L, of a strut is
- pa (2.6)
L
where p is the material density. Equating the mass per unit length of aluminum and
CFRP struts gives
PAjaAI= PCFRPaCFRP (2.7)
Rearranging Equation 2.7 gives an expression for the cross-sectional area of the CFRP
strut:
aCFRP - pAIaAI (2-8)
PCFRP
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For an aluminum strut cross-sectional area of 0.0020 m2 , the cross-sectional area of
a CFRP strut with the same mass is 0.0035 m2
Figure 2-4 shows the results of the tripod SST material analysis. For each shape
factor, both CFRP cases give a higher fundamental frequency than the aluminum
case. This means that, for either a given primary mirror obscuration or a given
structural mass, CFRP offers improved stiffness over aluminum. These results are
not unexpected, as the uniaxial CFRP being modeled has a higher Young's modulus
and a lower density than aluminum. Due to these results, all subsequent tripod SST
optimization analyses made use of the uniaxial CFRP model.
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Figure 2-4: Tripod SST fundamental frequency as a function of strut cross-section
shape factor for the three material cases.
As mentioned earlier in the chapter, a quasi-isotropic composite layup was as-
sumed for analyses performed by the MOST team on the full MOST model. It can be
shown from laminate plate theory, as taught in the 16.222 Mechanics of Filamentary
Composite Materials course at the Massachusetts Institute of Technology [25], that
a composite plate consisting of a symmetric layup of of uniaxial composite plies with
fibers at 00, +60', and -60' to a laminate reference direction will exhibit isotropic
elastic behavior. Such a layup can be described in composite laminate shorthand
as [0/ ± 60]s, where the numbers describe the angle, in degrees, that the fibers in each
ply make with the given reference direction. The numbers are listed in the order in
which the plies are arranged in the laminate. The S subscript indicates that the ply
arrangement is reflected symmetrically, so that the layup description could also be
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written as [0/ ± 60/ T- 60/0].
In order to determine the elastic properties of the composite laminate, the or-
thotropic properties of each ply, which are known in the ply's local coordinate system,
must be transformed to the laminate's global coordinate system in order to find the
ply's contribution to the properties of the entire laminate. The ply coordinate system
is shown in Figure 2-5, which shows that the lateral L, or 1, axis is parallel to the
composite fibers, and the transverse T, or 2, axis is perpendicular to the fibers in the
plane of the ply. The plies are assumed to be perfectly bonded, so that all of the plies
experience equal strain relative to the global laminate frame.
T,2
L,1I
Figure 2-5: Coordinate system for a single filamentary composite ply.
The stress state, onin, and strain state, epq, in the ply are related by Generalized
Hooke's Law:
o mn = Emnpq-pq (2.9)
where E is the ply's elasticity tensor. For a single orthotropic ply, when considering
forces in only the lateral and transverse directions - and thus excluding through-
laminate loads - Equation 2.9 can be expanded to give
011 1 E*11  E11 2 2  0 E
0922  = E*122 E 22  0 ' 2 2  (2.10)
(U12  0 0 2E*2 1 2 J 12
where the asterisk superscript denotes that the elasticity tensor is defined in the ply's
principle L and T axes for two-dimensional stress and strain.
Each ply can be characterized by lateral and transverse Young's moduli, EL
and ET, major and minor Poisson's ratios, VLT and VTL, and a shear modulus, GLT.
The directional dependence of the Young's moduli and the Poisson's ratios is due to
37
the fibers in the composite, which cause the ply to be much stiffer in the direction
parallel to the fibers. The elements of the ply's elasticity tensor, E*, in Equation 2.10
are related to these properties:
_1 EL
1 1 VLT 1 TL
ET
I - VLTVTL
-
1 VTLEL
1122 - VLTVTL
E*1 GLT122 2
(2.11)
(2.12)
(2.13)
(2.14)
VLTET
1 - 1 LT 1 'TL
Once the elasticity tensor has been calculated, it must be transformed into the
global laminate coordinate system:
E 0]1111
E 2222
1122
E 01212
E112
E 0 ]2212
~Af (2.15)
The ply's elasticity tensor in the global laminate frame, E101, is given by
Bt'l, E0] 2 FtOt111 E1122 1112
1122 2222 2 ]2212
1112 2212 2 1212
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E101 = (2.16)
E*22=
The transformation matrix, M, is given by
cos 6
sin 9o
sin 2 0 cos 2 0
sin 2 0 cos 2 0
sin 9 cos3 0
sin3 0 cos 0
sin4 9
cos 9o
sin 2 0 cos 2 0
sin 2 0 cos2 0
- sin3 9 cos 9
- sin 0 cos 0
9 is the angle between the
2 sin2 0 cos 2 0 4 sin2 0 cos4 o
2 sin2 0 cos 2 0 4 sin2 0 cos 2 9
cos4 0 + sin4 0 -4 sin 2 0 cos 2 9
-2 sin 2 0 cos 2 0 (cos 2 0 - sin2 9)2
sin 3 0 cos 0 - sin 0 cos3 0 2 (sin 3 0 cos 0 - sin 0 cos 3 0)
sin 0 cos 0 - sin3 0 cos 0 2 (sin 0 cos 3 0 - sin 3 0 cos 0)
(2.17)
ply's lateral axis and the global laminate lateral
After repeating this transformation for each ply, the resulting elasticity tensors
can be combined to give a single set of properties for the combined laminate. Since
the plies in the laminate are at different angles, and since the plies experience equal
strains, the stress resulting from an applied load is different for each ply. A load
vector, N, is defined by adding together the stresses that result from applying the
load:
n
Na 0l0 (2.18)
where n is the number of plies in the laminate, to is the thickness of the ith ply,
and o is the stress state in the ith ply in the global laminate frame. The laminate
strains, E , are related to the applied loads by
{NilN 22N 12 [Ali,,A11 22A 11 12 A112 2A2 22 2A 22 12 I{LLE22L&12 I (2.19)
(2.20)
The elements of the A matrix are given by
n
Aalo= t [E
it1
where E0ad is the elasticity tensor of the ith ply
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where
axis.
A "balanced laminate" is one in which, for each off-axis +0 ply, there is a -0 ply,
with the exception of 0' and 900 plies. For a balanced laminate, A11 12 and A 2 212 will
equal zero, and the laminate's rmoduli can easily be calculated by
Ei = All (A11 2 2 )2  (2.21)
- h hA 2 2 2 2
A 2222  (A1 2 2 )2  (2.22)
h hA 111
VL = A112 2  (2.23)LT 
- A2 2 2 2
VL - A11 2 2  (2.24)
GL A1 2 12  (2.25)GJ'T- h
where h is the thickness of the laminate:
n
h = t2 (2.26)
i=1
The Young's moduli and Poisson's ratios are also related through
EkV#L - TL (2.27)
Since the quasi-isotropic [0/±60]s layup is balanced, the relations in Equations 2.21
through 2.25 may be used to calculate the elastic moduli of the laminate. The quasi-
isotropic laminate used for MOST utilized ply properties for Hercules AS1/3501-6
Graphite Epoxy, which were used as an example throughout the 16.222 course.
Hercules AS1/3501-6 has a lateral Young's modulus of 130 GPa, a transverse modu-
lus of 10.5 GPa, a major Poisson's ratio of 0.28, and a shear modulus of 6 GPa [25].
Carrying these numbers through the calculations gives lateral and transverse Young's
moduli equal to 51.7 GPa, and major and minor Poisson's ratios equal to 0.298. The
fact that the properties are equal in both the lateral and transverse directions con-
firms that the layup exhibits isotropic elastic behavior. Though the quasi-isotropic
layup gives a lateral stiffness lower than that of a uniaxial layup, it has a much higher
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stiffness in the transverse direction.
2.2.2 Strut Cross-Section
By including variation of the shape factor of the elliptical SST struts, the material
testing analyses described in Section 2.2.1 included some exploration of the effects of
the variation of strut cross-section on SST performance. Following the material anal-
yses, evaluation of several other cross-sections were performed in order to determine
which shape would give the lowest SST mass for a given stiffness.
Figure 2-6 shows the cross-sections that were considered for the SST struts. In ad-
dition to the solid ellipsoid, a solid rectangle was considered as well. Two tube shapes,
circular and square, were considered. Finally, square I-beams and H-beams (which
differed only in orientation) were considered; for these shapes, the web and flanges
were assumed to have equal thicknesses. A shape factor, given by Equation 2.2, was
defined for each cross-section. For the tube and beam cross-sections, the shape factor
was defined such that a shape factor of one would correspond to a solid square or, for
the circular tube cross-section, a solid circle.
A Solid A Square Tube
LB Ellipsoid
BB
T Solid Square Z
A Rectangular I-Beam
Circular Tube A Squaem
B
Figure 2-6: Cross-sections considered for the SST struts, with the dimensions used to
calculate shape factors. The arrow labeled "Z" shows the component of the telescope's
z-axis (which points from the primary mirror to the secondary mirror) in the plane
of the cross-section.
Each cross section was tested over a range of shape factors: solid cross-sections
were tested with shape factors from 0.5 to 2, and tubes and beams were tested with
shape factors from 0.1 to 1. Each cross-section and shape factor was simulated by
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calculating the area and polar moments of inertia of the shape and entering these
results into the PBAR Nastran property card for the struts. A Nastran modal analysis
was performed for each shape in order to calculate the model's fundamental vibration
frequency. Just as was done for the material analyses in Section 2.2.1, only the strut
cross-section was varied, the lengths of the struts were not altered, and only the
three tower struts and the optics bench frame were included in the finite element
model. Cross-section dimensions were chosen so that the cross-sectional area was
equal to 0.0020 m2 , which ensured that all SSTs tested had equal mass.
Figure 2-7 shows the results of the tripod SST material analysis. As the shape
factors of the tube and beam cross-sections approached one, the fundamental fre-
quencies of these beams approached the fundamental frequencies of the solid circle
and square cross sections, as expected. In general, the thin-walled cross-sections gave
higher fundamental frequencies - and were therefore stiffer - than the solid cross-
sections. Furthermore, the fundamental frequencies of the thin-walled cross-sections
increased as the shape factor (the thickness-to-radius ratio for these cross-sections)
decreased.
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Figure 2-7: Tripod SST fundamental frequency as a function of strut cross-section
shape factor for each cross-section shape.
The square tubes gave the highest fundamental frequency for a given area, and,
therefore, the highest stiffness for a given structural mass. However, circular tube
cross-sections were chosen for all subsequent analyses. This was done because the
circular tubes gave fundamental frequencies close to those given by square tubes,
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and it was believed that using round tubes would ease the manufacturing of a real
telescope: square tubes would have to be oriented carefully during construction of an
SST, but this problem is not present when using circular tubes. Figure 2-7 suggests
that the fundamental frequency for circular tube struts decreases as the ratio of wall
thickness to tube radius increases, seemingly without limit. However, common sense
suggests that there must be some practical limit on the thickness-to-radius ratio,
possibly through buckling or some other type of failure. As commercially-available
tubes were found with thickness-to-radius ratios slightly below 0.1 [6], a minimum
shape factor of 0.1 was assumed for all subsequent SST analyses. This problem is
explored further in Section 2.4
2.2.3 Crossbars
The analyses discussed so far were performed in order to maximize the fundamental vi-
bration frequency of the structure for a given structural mass, with the understanding
that an increase in fundamental frequency implies an increase in structural stiffness.
Once these optimizations have taken place, the designer can size the structure until
the minimum required frequency - 20 Hz for MOST - is obtained. However, by adding
structural members in strategic locations, it may be possible to eliminate the mode
shape corresponding to the fundamental frequency. For instance, a crossbar could be
used to pin down the location of an anti-node in the fundamental mode shape. In
essence, the unmodified structure's second natural frequency would become the mod-
ified structure's fundamental frequency, allowing the designer to size the structure to
raise this new, higher frequency above the minimum frequency requirement.
This idea was inspired by a vibrating guitar string. It can be shown that the
natural frequencies, wr, of a freely vibrating string fixed at both ends are given by
T
or = T7r T2,r = 1,2,.... (2.28)
where T is the tension in the string, p is the mass per unit length of the string, and L
is the length of the string. For a guitar string, T and p are constant along the length
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of the string. The mode shape corresponding to each frequency, Y(x), is given by
Y,(x) = A, sin ('j, r = 1,2, ... 0 < x L (2.29)(L
where A, is a scaling value that depends on the string's initial conditions. The total
vibration of the string can be expressed as a superposition of all of the string's vibra-
tion modes. Figure 2-8 shows the first five modes of the string; note that decreasing
spatial wavelength corresponds to increasing mode number.
Y(x)
Figure 2-8: The first five modes of a vibrating string. Modes that vibrate when the
string's midpoint is fixed are blue, and modes that do not vibrate are red.
One technique a guitarist may use to sound a note is called a "harmonic." To play
a harmonic, the guitarist plucks a string while lightly resting a fingertip on it. By
resting a fingertip on the string, the guitarist forces that point of the string to remain
fixed while the rest of the string vibrates. As shown in Figure 2-8, there are points
in the string's mode shapes that have no deflection; these points are called "nodes."
When the guitarist fixes a point on a string and causes the string to vibrate, the
resulting vibration may only include modes that have a node at that point. Therefore,
by sounding a harmonic, the guitarist eliminates certain modes from being included
in the resulting string vibration.
As an example, consider a twelfth fret harmonic, one of the more popular harmon-
ics used by guitarists. To sound this harmonic, the guitarist rests a fingertip on the
midpoint of the string, which sits above the twelfth fret from the headstock on the
neck of the guitar. Figure 2-8 shows how the first five vibration modes are affected.
Only the modes with a node at the midpoint are allowed to vibrate, so several modes
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are eliminated, including the string's first mode. The lowest frequency that is heard
when this harmonic is sounded is the unpinned string's second natural frequency.
The challenge that arises that in applying this mode cancellation concept to a
space telescope is that the telescope is free-flying: there are no external sources
that can be used to fix part of the structure. Any additional members used to
fix part of a space telescope structure must necessarily attach to another part of
the structure. Therefore, it is necessary to fix the additional structural elements to
parts of a structure that move in opposition to each other in the mode intended for
cancellation; if the parts being connected move in the same direction, the additional
structural elements will have no effect in canceling the mode. Figure 2-9a shows the
first mode of the SST calculated in Nastran. In this mode, the three SST struts
bend in different directions. On observing this behavior, the decision was made to
test crossbars attaching the three struts, as shown in Figure 2-9b, to eliminate the
multi-directional bending.
(a) The first vibration (b) Tripod SST with
mode of the tripod SST. crossbars added.
The undeformed shape of
the SST is shown in blue,
and the vibration mode
is shown in black.
Figure 2-9: The fundamental mode shape of the unmodified tripod SST and the
crossbars used to eliminate this mode.
The first crossbar analysis focused on finding the optimum location for the cross-
bars. The crossbar height above the optics bench was expressed as a percentage of
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the total height of the SST, Z%:
Z Z = - (2.30)H
where Z is the height of the crossbars above the optics bench, and H is the height of
the SST. Figure 2-10 shows these dimensions. For this analysis, the crossbars were
assumed to have the same cross-section dimensions as the main SST struts, and the
height of the crossbars was varied. For each crossbar location, the radius of the struts
were sized, while holding a constant shape factor, in order to achieve a fundamental
frequency of 20 Hz. Nastran was used to calculate the mass of each configuration,
and the primary mirror obscuration was given by
QPMAI - 3 rPMwstrut + 3 LCBWCB (2.31)
PM 2
PM
where LCB is the length of a single crossbar, and WCB is the width of the vertical
projection of a crossbar onto the x-y plane and, for this analysis, equals Wstrut. The
secondary mirror and attachment were included in the finite element model.
H
2
Figure 2-10: Locating the crossbars.
Figure 2-11 shows the results of the crossbar height analysis. According to the
results, the minimum SST mass required to achieve a fundamental frequency of 20 Hz
occurs when the crossbars are located at 30 percent of the total SST height above
the optics bench. The primary mirror obscuration also experiences a local minimum
at this crossbar location. As seen in Figure 2-9, this is approximately the location on
the SST struts that experience the maximum deflection in the unmodified SST's first
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vibration mode. For these reasons, a crossbar height of 30 percent was used for the
next analysis.
250 1
-- -- - - - - IL- - - - - 14
200 12
A 10
ISO A0-
~;lo0
a Mass 4
60 . . . Mass, No Crossbars
A Obscuration 2
- - Obscuratlon. No Crossbars
0 0 1 ,
0 0-2 0A 0.5 0.8 I
Z Crossbar Location (%)
Figure 2-11: Tripod SST mass and primary mirror obscuration as a function of cross-
bar height above the optics bench.
In the previous analysis, the diameter of the crossbars was assumed to be equal to
the diameter of the main SST struts, while the crossbar location was varied. For the
second analysis, the height of the crossbar was fixed at 30 percent of the total SST
height, and the ratio of the radius of the crossbars to the radius of the main struts was
varied. Again, the struts of each configuration were sized to achieve a fundamental
frequency of 20 Hz.
Figure 2-12 shows the results of this crossbar sizing analysis. Unlike the previous
analysis, the optimum mass and primary mirror obscuration do not occur at the
same design point. Instead, mass tends to decrease while the ratio of crossbar radius
to strut radius increases, while obscuration tends to increase as the ratio increases.
Therefore, the results suggest two "optimum" cases: a low-mass case at a crossbar-
radius-to-strut-radius ratio of one, and a low-obscuration case at a crossbar-radius-
to-strut-radius ratio of 0.14.
2.2.4 Conclusions
Table 2.2 compares the two optimum crossbar cases from Section 2.2 to a comparable
tripod SST without crossbars. Again, the struts were sized to achieve a fundamental
frequency of 20 Hz. From the results, two optimum designs are apparent, depending
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Figure 2-12: Tripod SST mass and primary mirror obscuration as a function of the
ratio of crossbar radius to strut radius.
on the designers' preferences. If a low mass is desired and a higher obscuration can be
tolerated, the low-mass crossbar tripod offers a significantly lower mass than the other
two options. However, if primary mirror obscuration must be reduced, the tripod SST
with no crossbars offers the lowest obscuration. The third case, the low-obscuration
crossbar case, offers an intermediate level of obscuration, but does so at a mass close
to that of the tripod SST with no crossbars.
Table 2.2: Comparison of tripod designs with fundamental frequencies of 20 Hz.
Crossbar Case Mass (kg) Obscuration (%)
None 214 5.6
Low-Mass 152 10.5
Low-Obscuration' 202 6.6
Although this design analysis was performed using the OTA structure, it is by no
means limited to this application. For example, a similar analysis may be performed
for the MOST bus, which has a tripod shape as well. For this structure, where
obscuration is not a factor, the low-mass crossbar tripod design may be the clear
choice.
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2.3 Baffle SST Designs
The tripod SST considered in Section 2.2 is a simple, lightweight design that is rel-
atively easy to optimize. However, a designer may wish to include some type of
cylindrical baffle in the telescope design, which would eliminate off-axis glint, as well
as reduce the amount of radiation reaching the primary mirror in order to reduce
thermal deformations. The tripod design would be unsuitable for supporting such
a baffle, as its three struts connect to the secondary mirror and pass directly over
the primary mirror. If a baffle is to be included in the design, the SST must include
structural elements that do not pass directly over the primary mirror.
2.3.1 Solid Baffles
One idea explored for baffle design involved a solid baffle shell designed to support
its own weight, such as the one shown in Figure 2-13. The diameter of the shell
was chosen to circumscribe the triangular optics bench. In order to support the
secondary mirror above the primary mirror, a three-bar "spider" was used to attach
the secondary mirror to the upper edge of the baffle. Since the spider struts are the
only parts of the structure that lie above the primary mirror, the primary mirror
obscuration is calculated as
3rPMwspider (2.32)
7N2PM
where wspider is the width of the vertical projection of a spider strut onto the x-y plane.
The properties of the uniaxial CFRP approximation described in Section 2.2.1 were
used for the baffle material properties. The optics bench frame bars were modeled
as uniaxial CFRP tubes with cross-section dimensions equal to the dimensions of
the struts in the optimized tripod SST (without crossbars) described in Section 2.2.4.
The spider struts were modeled as uniaxial CFRP tubes with cross-section dimensions
equal to the dimensions of the struts in the twelve-bar hexagonal-ring baffle frame,
which will be discussed in Section 2.3.2.
Nastran modal analyses were used in order to determine the performance of the
baffle. The baffle, spider, optics bench frame, and secondary mirror were included
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Figure 2-13: MOST model with a solid baffle.
in the analysis model. The thickness of the baffle was varied until a fundamental
frequency of 20 Hz was achieved. The resulting structure (excluding the secondary
mirror) had a mass of of 21,598 kg, which is two orders of magnitude larger than the
masses of the tripod SSTs discussed in Section 2.2.4.
Due to the large mass of the solid baffle, further exploration of the design involved
the addition of bars to stiffen the structure and carry some of the loads in order to
attempt to reduce the required baffle thickness. The modes of the unsupported baffle
were observed in order to decide where to add the additional bars. Figure 2-14 shows
the first four unique vibration modes of the baffle. In these modes, the circumferential
deformations of the baffle are much larger than the longitudinal deformations; in other
words, lines drawn axially along the baffle tend to remain straight in these modes, but
circles drawn around the baffle's circumference tend to be deformed. For this reason,
circular rings were chosen as the additional reinforcement structure in an attempt to
reduce these circumferential deformations.NA
Figure 2-14: The first four unique vibration modes of the unsupported solid baffle.
The blue shape shows the undeformed shape of the baffle.
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Two reinforcing ring cases were studied: a two-ring case with rings added at each
end of the baffle, and a three-ring case with an additional ring added midway between
the end rings. Figure 2-15 shows the location of the reinforcement rings in these two
cases. Like the spider struts and optics bench frame, the cross-section dimensions of
the CFRP tubes comprising the rings were set equal to the dimensions of the struts
in the optimized tripod SST (without crossbars) described in Section 2.2.4,
(a) (b)
Figure 2-15: Ring location for the a) two-ring and b) three-ring baffle reinforcement
cases. The baffle plate elements have been omitted for clarity.
Once again, Nastran modal analyses were used, and the thickness of the baffle was
sized to achieve a fundamental frequency of 20 Hz. The baffle, rings, spider, optics
bench frame, and secondary mirror were included in the analysis model. Table 2.3
shows the mass of each of the resulting baffle structures. Since all of the designs use
the same cross-section dimensions for the spider struts, each baffle caused the same
primary mirror obscuration, so the obscuration of each design was not included in
the table.
Table 2.3: Mass comparison of baffle designs.
Rings Mass (kg)
0 21,598
2 21,118
3 21,189
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As the table shows, adding the reinforcement rings to the baffle resulted in a
reduction in the mass of the structure. However, the mass reduction was small relative
to the total mass of the structure, so the total mass of the reinforced baffle structures
remained about two orders of magnitude higher than the optimized tripod masses
discussed in Section 2.2.4. For this reason, it was determined that the loads imparted
on the structure should be carried by a frame rather than the baffle itself, so no
further analyses were performed for solid, load-carrying baffles.
2.3.2 Baffle-Supporting Frames
As discussed in Section 2.3.1, solid baffle shells designed as load-bearing structures are
prohibitively massive. Further analysis of baffle SST designs focused on frames onto
which some material could be attached in order to form a baffle. The baffle material
may be thinner and much more flexible than the CFRP baffle shells discussed in
Section 2.3.1, so the frame would bear the vast majority of the loads in the structure.
All of the baffle-supporting frames considered consist of variations of a single basic
design. Each frame consisted of two rings, one at each end of the intended baffle,
connected by a series of struts in a zig-zag pattern. Two ring shapes, hexagonal and
circular, and two connecting strut arrangements, consisting of six bars and twelve
bars, were considered. Figure 2-16 shows the four possible combinations of these
components. All of the frames used the same spider strut arrangement used by the
solid baffle to support the secondary mirror, so the primary mirror obscuration for
each frame is given by Equation 2.32.
For each configuration, a Nastran modal analysis was used to calculate the natural
frequency of the frame. The radius of the struts and ring bars was varied, while
holding their thickness-to-radius ratio equal to 0.1, in order to achieve a natural
frequency of 20 Hz. All bars in the structure were assumed to have the same cross-
section dimensions. The rings, struts, spider, optics bench frame, and secondary
mirror were included in the analysis model, but the baffle material was omitted; this
assumes that the baffle material will have insignificant mass and will be attached after
a suitable frame has been designed.
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(a)
(c)
(b
//
(d)
Figure 2-16: The four baffle-supporting frame component combinations: a) hexagonal
rings and six struts, b) hexagonal rings and twelve struts, c) circular rings and six
struts, and d) circular rings and twelve struts.
Table 2.4 shows the structural mass and primary mirror obscuration of each frame
configuration. These frames have masses that are about two to three times larger than
the tripod SSTs discussed in Section 2.2.4. Though they are larger, these masses are
much more reasonable than the masses of the solid baffles discussed in Section 2.3.1.
The frames' primary mirror obscuration percentages are comparable to those calcu-
lated for the tripods. The results suggest that using hexagonal rings and six connect-
ing struts gives the lowest mass and obscuration of the four designs. This
Of course, though the previous analysis assumed that all of the bars and struts
in the frame had the same cross-section dimensions, this assumption is by no means
required. For instance, the spider struts may have a different shape than the rest of the
struts in the frame. Such an analysis was performed for the twelve-strut hexagonal-
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Table 2.4: Mass and obscuration comparison of baffle-supporting frame designs.
Ring Type Number of Struts Mass (kg) Obscuration (%)
Hexagonal 6 529 5.72
Hexagonal 12 756 5.73
Circular 6 566 5.81
Circular 12 849 6.04
ring frame. The tubular spider struts were replaced with struts with rectangular cross
sections. The purpose of this change was to approximate the flat blade style of spider
struts commonly seen in personal telescopes, such as the one pictured in Figure 2-17,
by reducing the thickness-to-height ratio of the rectangular cross-sections. This was
done in an attempt to reduce the primary mirror obscuration caused by the spider
struts.
Figure 2-17: Secondary mirror spider of the Orion SkyQuest XT6 IntelliScope per-
sonal telescope [2].
In order to determine how thin the blades should be, the shape factor S, as defined
for a rectangular cross section in Equation 2.2 and Figure 2-6, was varied from 1 to 10.
The cross-section dimensions of the rings, connecting struts, and optics bench frame
bars were set equal to the dimensions used in the 20 Hz twelve-bar hexagonal-ring
frame, and the cross-section dimensions of the spider struts were varied in an attempt
to achieve a natural frequency of 20 Hz.
Unfortunately, the change in the spider cross-section caused the fundamental fre-
quency of the structure to fall below the required minimum frequency of 20 Hz.
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Figure 2-18 shows the results of the attempts to size the spider struts; increasing
structural mass corresponds to increasing spider strut size. For each shape factor,
the fundamental frequency of the structure increased as the size of the spider struts
increased until it reached a maximum value, which was below 20 Hz. Beyond this max-
imum, the fundamental frequency decreased as the size of the spider struts increased.
Figure 2-19 shows the maximum frequency achieved for each shape factor. This fig-
ure shows that a maximum fundamental frequency of about 18 Hz was achieved for a
shape factor of two. Since the frequency of the baffle-supporting frame could not be
raised above the required minimum frequency of 20 Hz due to the low fundamental
frequency of the spider struts, using a tubular cross-section for the spider struts was
considered preferable to using a rectangular or flat-blade cross-section.
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Figure 2-18: Baffle-supporting frame fundamental frequency as a function of struc-
tural mass for each spider strut shape factor.
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Figure 2-19: Maximum baffle-supporting frame fundamental frequency for each spider
strut shape factor analyzed.
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2.3.3 Conclusions
The baffles discussed in this section represent only a small fraction of the virtually
limitless design space available for designing such structures. Furthermore, the com-
plexity of these designs allows for a wider range of parameters to vary than the tripod
SST designs. For example, a designer may wish to vary the cross-section dimensions
of the connecting struts separately from the dimensions of the ring bars, for the
baffle-supporting frames discussed in Section 2.3.2, in order to further optimize the
structure. A designer may also choose to expand the frame design building block
concept - the rings and connecting struts - even further. For instance, the baffle-
supporting frames discussed in Section 2.3.2 featured only a single level of connecting
struts, but these frames may also be stacked to produce a multi-level design, such as
the Hubble Space Telescope structure shown in Figure 2-20. Also, instead of assum-
ing constant cross-sections along the length of the struts, tapered struts could also
be considered.
Figure 2-20: The Hubble Space Telescope at an early stage of construction [5].
Although the baffle design space was not fully explored, the analysis still allowed
some conclusions to be made. The most important conclusion is that, for a telescope
that includes a light-excluding baffle, it is far more mass-efficient to use a frame to
carry the majority of the structural loads rather than using the baffle itself as a
load-bearing structural element. Also, due to their increased complexity and size,
the baffle designs are more massive than the tripod designs, but both SST types can
achieve similar primary mirror obscuration percentages.
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2.4 Strut Buckling
In Section 2.2.2, various cross-sections were tested for the tripod SST struts. The
results of this analysis suggested that thin-walled tubes gave the highest fundamental
frequency - and, therefore, highest stiffness - for a given strut mass. Furthermore, the
results suggested that the fundamental frequency continued to increase as the ratio of
the wall thickness to the tube radius decreased, with no apparent bound. From this
assessment, it would seem that an infinitesimally thin, large diameter tube would give
the highest structural stiffness. However, common sense suggests that there must be
some lower limit to the tube wall thickness, one that is not predicted by the linear
finite element analysis performed in Section 2.2.2. As wall thickness decreases, it is
likely that the wall may buckle at some point under applied compressional loads. For
this reason, the effects of buckling on a single SST strut were explored.
The buckling analysis took place during planning for a possible small-scale labora-
tory model for MOST. For this reason, the struts considered in this section correspond
to the tripod SST struts that would be used for a MOST telescope with a one-meter
diameter primary mirror with an f-number of 1.5. The resulting struts have a length
of 2.03 m. Radii and wall thicknesses of CFRP tubes commercially available from
MacLean Quality Composites were used (1]. Also, as the tripod design was being
considered as the initial SST choice, the struts are assumed to be loaded at their
ends.
2.4.1 Theory
The buckling behavior of a structure can be classified into two types: local buckling
and global buckling. Local buckling is characterized by structural instability in a
relatively small part of the structure, and is usually the result of minor material
imperfections. Conversely, global buckling is characterized by structural instability
throughout the entire structure, and is a function of structural geometry. Much work
has been performed to characterize the buckling behavior of thin-walled cylinders,
such as the SST tubes considered here, and simple, closed-form equations are available
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for axially-loaded isotropic cylinders.
Due to its dependence on such factors as material manufacturing and loading
conditions, the critical stress at which local buckling occurs can be difficult to pre-
dict. The critical local buckling stress, UL, for an axially-loaded thin-walled isotropic
cylinder can be expressed by a relatively simple equation [10, 31]:
t
UrL = CE- (2.33)
r
where E is the Young's modulus of the material, t is the wall thickness, and C is an
imperfection knockdown factor. The mid-wall radius, r, is the average of the inner
and outer radii of the cylinder. For a thin-walled cylinder, the cross-sectional area, a,
can be calculated approximately as [31]
a = 27rrt (2.34)
With this area approximation, the critical local buckling load of the structure, PL,
is [26, 31]
PL = ULa = 2rCEt2  (2.35)
Although Equation 2.35 seems simple, the difficulty arises in determining an appro-
priate value for the imperfection knockdown factor, C. Tsien Hsue-Shen suggests
a single value of 0.238 for loading by an ideal hydraulic testing machine or dead
weight [10]. On the other hand, NACA Technical Report 887 suggests a knockdown
factor that varies with the ratio of wall thickness to cylinder radius, as shown in
Figure 2-21 [10].
In contrast to local buckling, the global buckling load of an axially-loaded thin-
walled isotropic cylinder is much easier to predict, as it depends on the geometry and
material properties of the cylinder. The fundamental global buckling load, or Euler
load PE, for a prismatic column (not necessarily a thin-walled tube) is given by [16]
7r2EI
PE L (2.36)
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Figure 2-21: Coefficient for computing critical axial compressive stresses of interme-
diate length and long cylinders [10].
where I is the moment of inertia of the cross-sectional area and Le is an effective
column length that depends on the boundary conditions of the column. For a can-
tilevered column (one fixed end and one free end), the effective length is given as
Le = 2L (2.37)
where L is the length of the column. Substituting Equation 2.37 into Equation 2.36
gives the critical buckling load for a cantilevered beam:
wr2 EI
PE= 4L 2  (2-38)
From this equation, it can be seen that the Euler load increases linearly as the moment
of inertia of the cross-sectional area increases. Note that multiple global buckling
modes are possible, as a column will have multiple critical global buckling loads that
cause different buckling deformations. The equations discussed here give the lowest
critical global buckling load of the column.
Whether the failure behavior of the cylinder is dominated by local buckling, global
buckling, or material yielding depends on the ratio of the length of the cylinder to
its radius. In relation to this ratio, three situations exist: short columns subjected to
high loads, which are dominated by material yielding; intermediate length columns
subjected to intermediate loads, which are dominated by both local and global buck-
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ling; and long columns subjected to light loads, which are dominated by global buck-
ling only [26, 31]. Although the values of length-to-radius ratio that delimit the three
situations are not rigidly defined, suggested ratio values to separate short and in-
termediate columns tend to be around 0.75, and suggested ratio values to separate
intermediate and long columns tend to be around 1.5 [10].
If a reasonable imperfection knockdown factor is known, optimizing the cylinder
for buckling can be accomplished by designing it so that its local and global critical
buckling loads are equal:
2 r2 EI
PL PE=27rCEt2  L2 (2.39)
For a thin-walled circular tube, the moment of inertia, I, is given approximately as
I = 27rr3 t (2.40)
Substituting Equation 2.39 into Equation 2.39 and rearranging gives
- = (2.41)
r3 4CL2
A shape factor for the cylinder, S, can be defined as the ratio of the wall thickness
to the mid-wall radius:
S = t (2.42)
r
In order to use this shape factor, t and r on the left hand side of Equation 2.41 must
have the same exponent. This can be obtained by substituting Equation 2.34 and
rearranging:
2 7ra
r2  8CL 2  (2.43)
Substituting Equation 2.42 into Equation 2.43 and taking the square root of both
sides gives
ira
S = 7(2.44)
8CL 2
Finally, the shape factor can be given in terms of the cylinder mass, length, and
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material properties. The mass of the cylinder, m, is given by
m = paL (2.45)
where p is the material density, a is the cross-sectional area of the cylinder, and L is
the length of the cylinder. Substituting Equation 2.45 into Equation 2.44 gives
S = (2.46)8pC L3
Therefore, for given cylinder mass, length, and material properties, Equation 2.46
gives the optimum shape factor.
2.4.2 Finite Element Modeling - Axial Loading
In order to test the buckling behavior of the SST struts, three finite element models
were created. Each model consisted of a collection of plate elements arranged to form
a long tube, but differed in the type of plate elements and the material properties used.
Figure 2-22 shows the end of one of the finite element tube models. For each model,
the length, width, and radius were variable, though the length was held constant
at 2.03 m, as discussed in the introduction to this section, for the analyses discussed
here.
Figure 2-22: One end of a tube buckling finite element model, constructed of
CQUAD8 elements.
The first finite element tube model consisted of simple CQUAD4 plate elements,
which are quadrilateral flat plates defined by grid points at each corner. MATi
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isotropic material cards were used to define the material properties for each of the flat
plate elements. For the Young's modulus of the material, the axial Young's modulus
of the MacLean CFRP tubes was used, which the manufacturer gave as 140 GPa [1].
This assumed that axial stresses dominate the stress in the strut, as discussed in
Section 2.2.1
The second tube finite element model also used the MATI isotropic material
cards used for the first tube model, but was constructed of CQUAD8 plate elements.
CQUAD8 elements are similar to CQUAD4 elements in that they are quadrilateral
plate elements that are defined by grid points at each corner. However, for the
CQUAD8 element, and an additional grid point may be defined for each edge in
order to apply curvature to the plate. The second model was introduced in order to
determine whether any errors had occurred by approximating the curved tube shape
with flat plates in the first model.
The third finite element'tube model consisted of CQUAD4 elements like the first
model, but used MAT2 material cards. MAT2 cards allow for simulation of or-
thotropic materials, such as composite laminates, in plate elements. Since only the
axial Young's modulus was supplied by MacLean, numbers for Hercules AS1/3501-6,
which were mentioned in Section 2.2.1, were used for the remaining moduli. The
MAT2 cards were not applied to a CQUAD8 model as the results, discussed shortly,
showed little difference between the buckling behavior of the CQUAD4 and CQUAD8
models under axial loading.
Each model was tested with each set of tube cross-section dimensions provided by
MacLean. For each test, fixed boundary conditions were applied to the grid points at
one end of the tube, and a unit axial compression load was applied to the other end.
The load was applied by dividing the unit magnitude of the load by the number of
grid points at the end of the tube, and by applying axial point loads of this calculated
magnitude to each grid point at the free end of the tube. A Nastran buckling analysis
was used for each test. The Nastran buckling analysis returns results in the form of
eigenvalues which, when multiplied by the magnitude of the applied load, give the
critical buckling loads, and eigenvectors, which represent the buckled shapes of the
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tube.
The results of the buckling analyses are given in Figure 2-23. Since the struts can
be considered to be long, lightly loaded columns - the struts are 2.03 m long, but have
a maximum radius of only 2.8 cm - the Euler load for each tube was also calculated
and included in Figure 2-23. Since the Euler load is expected to increase linearly as
cross-sectional area moment of inertia increases, the critical loads in Figure 2-23 were
plotted as a function of moment of inertia, which, for a circular tube cross-section, is
given exactly as
1=4( - (2.47)
where rin is the inner radius of the tube and rout is the outer radius of the tube. As
the figure shows, the critical loads calculated for each model agreed closely with the
Euler load for each set of tube cross-section dimensions. Due to this close agreement,
it is safe to assume that, under axial load, the buckling behavior of the SST struts
will be dominated by global buckling.
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Figure 2-23: Critical buckling load as a function of cross-sectional area moment of
inertia for an axially-loaded cantilevered strut.
2.4.3 Relating Critical Buckling Load and Shape Factor
The finite element analyses performed in Section 2.4.2 showed that critical buckling
load of the SST struts can be calculated using the Euler load equation, Equation 2.36.
Therefore, the effect of varying the shape factor on the critical buckling load can be
analyzed through closed-form equations.
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One approach to analyzing the effect of varying the shape factor is to hold the
mass of the strut constant and to see whether the critical buckling load increases or
decreases as the shape factor increases. If the length and material properties of the
strut are fixed, then the cross-sectional area of the strut must also be constant for
a given mass, according to Equation 2.45 The cross-sectional area of a strut with a
circular tube cross-section is given exactly as
a = i (rout - ri) (2.48)
where rin is the inner radius of the tubular strut and rout is the outer radius of the
strut. Recall from Figure 2-6 that the shape factor, S, of a circular tube is given by
S t (2.49)
rout
where t, the wall thickness, corresponds to A in the figure and rout corresponds to B
in the figure. Rearranging Equation 2.49 and substituting it into Equation 2.48 gives
the cross-sectional area in terms of the outer radius and the shape factor:
a = wr_ _ (1 _ S) 2 ] (2.50)
Finally, substituting Equation 2.45 into Equation 2.48 and rearranging gives the strut
mass in terms of the outer radius and the shape factor:
m = pLar 2 _[1 (1 _ S)2] (2.51)
Since the Euler load is a linear function of the moment of inertia of the strut's
cross-section, it is helpful to determine the moment of inertia in terms of the strut mass
and the shape factor. Rearranging and substituting Equation 2.47 into Equation 2.50
gives
4
I = u [Io _ IS4] (2.52)
The outer radius can be eliminated from Equation 2.52 by rearranging and substitut-
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ing Equation 2.51, which, after simplification, gives moment of inertia as a function
of strut mass and shape factor:
_m
2
_[1_+_(1 - S)2 ]
I = , ( S2 (2.53)
47rp 2 L2 [1 - (I _ S) 2]
If the mass of the strut is held constant, the denominator of Equation 2.53 approaches
zero as the shape factor, which is the ratio of wall thickness to outer radius, approaches
zero. This means that the moment of inertia approaches infinity as the shape fac-
tor approaches zero when the mass is held constant, so a decrease in shape factor
corresponds to an increase in moment of inertia.
The critical buckling load of the cantilevered strut, PE, can be related to the strut
mass and shape factor by substituting Equation 2.53 into Equation 2.38:
7rEm 2 [1+ (I -S) 2]PE = 16p 2 L4 [I - (1 - S) 2] (2.54)
If the mass, length, and material properties of the strut are held constant, the denom-
inator of Equation 2.54 approaches zero as the shape factor approaches zero. This
means that the critical buckling load of the strut approaches infinity as the shape
factor approaches zero, so decreasing the shape factor causes the critical buckling
load to increase.
It is interesting to note that Equation 2.53 can also be used to validate the results
obtained in Section 2.2.2. It can be shown that the fundamental frequency, w1, of a
cantilevered beam is given by [30]:
EI
Wi = 3.5160 L4  (2.55)
Substituting Equation 2.53 into Equation 2.55 gives the fundamental frequency as a
function of strut mass and shape factor:
3 Em [1 + (1 - S)2]
Wi = 3.5160[ (2.)4ir p2 L6 [1 - (1 - S)2l(.6
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The results are similar to the results for the critical buckling load: if the mass,
length, and material properties of the strut are held constant, the denominator of
Equation 2.56 approaches zero as the shape factor approaches zero, which, in turn,
means that the fundamental frequency of the strut approaches infinity as the shape
factor approaches zero. Therefore, for a given mass, decreasing the thickness-to-radius
ratio of the tube causes the fundamental frequency to increase, which agrees with the
results of the finite element modeling performed in Section 2.2.2.
2.4.4 Conclusions
The results of these buckling analyses show that, for a tubular strut with a fixed
mass, increasing the shape factor - the ratio of wall thickness to outer radius -
increases the critical buckling load. This behavior parallels the conclusions made in
Section 2.2.2; that is, increasing the shape factor increases the fundamental frequency
of the structure as well. Since both of these effects suggest decreasing the shape factor
without bound, the buckling analysis fails to provide a lower bound for the shape
factor.
Since buckling behavior is not sufficient to provide a lower limit to the shape
factor, some other behavior must provide this limit. One possibility may come from
static loads. For a given fundamental frequency or critical buckling load, reducing
the shape factor will cause a reduction in strut mass, but will also cause a reduction
in cross-sectional area. Due to this decrease in area, reducing the shape factor will
cause the stress in the strut to increase for a given applied static load. One of the
largest sources of loads that a spacecraft will be subjected to during its lifetime will
be the loads experienced during a launch to orbit; launch loads, including quasi-static
loads, will be discussed further in Chapter 4.
Another important thing to note is that the analysis here considers buckling failure
only. For structures made out of composite laminates, especially laminates consisting
of plies with varying fiber angles, ply failure is an important failure mode to consider
as well. This is because the stresses in each individual ply may be much different from
the stresses in the overall laminate [25]. Therefore, ply failure can be a very complex
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and nonintuitive phenomenon, especially for complicated composite laminate layups.
For such laminates, a strut my fail due to ply failure before the critical buckling load
is reached.
2.5 Summary
The models analyzed here represent only a small fraction of the virtually unlimited
design possibilities for a space telescope SST. However, even though only a small part
of the design space was explored, some conclusions can be made anyway. For instance,
the ideal materials for an SST should be light and strong. Structures comprised of
tubular struts are preferable to structures comprised of solid shells or struts with solid
cross-sections. Also, by analyzing the vibration modes of a structure, mass reductions
can be made by strategically adding structural members in places that allow the size
of existing structural members to be reduced.
However, these analyses also show that a space telescope structure cannot be
designed by considering only the fundamental frequency of the structure. As these
analyses have shown, designing the structure to meet a fundamental frequency re-
quirement alone is not sufficient; for instance, this approach provides no lower bound
on the thickness-to-radius ratio of the struts. To fully design a space telescope struc-
ture, the loads that will be imparted on the structure must also be considered. The
most extreme loads that will be imparted on a space telescope structure will be ex-
perienced during the spacecraft's launch into orbit; this subject is the main focus of
Chapter 4.
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Chapter 3
Actuator Load Spreading on a
Mirror Face Sheet
In order to generate accurate images, the optical elements of a space telescope must
maintain extremely precise shapes. During operation, mirror deformations due to vi-
brations, thermal effects, and manufacturing tolerances must be kept to within a frac-
tion of the wavelength of the electromagnetic radiation the telescope is collecting; for
visible light, the requirement for a primary mirror is on the order of nanometers [15].
Although this might be accomplished by constructing the mirrors out of thick, uni-
form pieces of stiff material, the resulting mirror would be very heavy. The mass
of the mirror can be reduced by instead constructing the mirror from a thinner face
sheet supported by a backstructure, usually a truss or rib arrangement like those seen
in Figure 3-1. Furthermore, actuators may be used to counteract deformations and
allow further mass reduction.
Although these improvements all serve to reduce the mass of the telescope's mir-
rors, they also cause much more complicated stress patterns than a uniform mirror.
The increased amount of material at rib or truss intersections with the face sheet will
increase the stiffness at these points, so deformations of the face sheet may tend to
reveal the underlying backstructure. Furthermore, actuators must be attached to the
structure at discrete points, and these points may experience local concentrations of
high stress.
69
El
(a) Ribbed backstructure of the Herschel (b) Partially-populated Hobby-Eberly
Space Observatory primary mirror [3]. Telescope segmented primary mirror, re-
vealing a truss backstructure [4].
Figure 3-1: Examples of primary mirror backstructures.
This chapter discusses a specific example of a flat plate mirror with actuators
attached to the face sheet by standoff posts. The goal is to size the posts in order
to minimize the deviation from an ideal deformation shape caused by local stress
concentrations around the posts.
3.1 Problem Description
The problem discussed in this chapter deals with a mirror design that had been pro-
posed for use in a laboratory as a mirror shape control testbed. The mirror proposed
would consist of a flat, circular face sheet with a number of piezoelectric actuators
attached to its back surface. The actuators would be arranged in a hexagonal pattern,
and would be connected to the face sheet by standoff posts. The posts would connect
to the actuators at their ends, at the corners of the hexagons. Figure 3-2 shows a
finite element model of a 42-actuator version of this mirror.
Applying a voltage to one of the actuators would cause it to expand and apply
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Figure 3-2: Finite element model of a 42-actuator flat circular mirror. The piezoelec-
tric actuators are shown in red.
a force, parallel to the face sheet, to the top of its standoff posts. The posts, in
turn, would transmit this load to the face sheet. The effect of this actuation - forces
parallel to the face sheet with lines of action offset by the posts - would be a pair
of bending moments applied to the face sheet at the points where the posts attach.
However, because the posts have finite dimensions, the moments are not truly point
loads, but are instead spread out over a small area. The loading would cause a fairly
smooth deformation of a large portion of the face sheet, but the areas near the posts
would experience stress concentrations that would cause localized perturbations in
this smooth shape.
It may be possible to reduce the perturbations in the deformed shape by increasing
the cross-sectional area of the posts where they attach to the face sheet. This would
increase the area over which the loads would be applied, which would decrease the
magnitude of the applied stress. In order to explore this possibility, a parameterized
finite element model of a small section of the mirror was created.
3.2 Theory
In order to determine the deflection shape expected from applying "ideal" actuator
moments on the face sheet, a section of the face sheet was modeled mathematically
as a simply-supported beam of length L, with a Young's modulus E and a moment
of inertia I that do not vary over the length of the face sheet. As the purpose of the
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actuators was to apply bending moments to the face sheet, actuation was modeled by
point moments, Ma. Since a single actuator connects to two standoff posts, two equal
and opposite moments were applied to model the effect of one actuator. In order to
keep the model symmetric and ease analysis, each moment was applied a distance a
from one of the ends. Figure 3-3 shows a diagram of the face sheet model.
L
t EJ
12 3
Ma Ma
Figure 3-3: A section of the flat mirror face sheet modeled as a simply-supported
beam. Each integration region is numbered in red.
The deflection shape of the face sheet can be obtained by solving the beam
bending-moment differential equation [17]:
EIv" = M(x) (3.1)
where v is the deflection of the face sheet in the y-direction, and M(x) is the bending
moment in the face sheet as a function of location in the x-direction, x. Since the
point moments cause discontinuities in the bending moment, the face sheet must be
split into in three integration regions, as shown in Figure 3-3: the two end regions
between a pin joint and an applied moment, and the middle region between the two
moments. However, since the problem is symmetric about the midpoint of the beam,
a symmetric deformation shape can be assumed. Therefore, the bending-moment
equation only needs to be solved from one pinned end to the midpoint, and the
results can be mirrored to the other half of the beam.
Solving the bending-moment equation begins by rearranging and integrating the
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equation twice for each region of the face sheet. For the nth region, this gives:
ti'=M() (3.2)
n El
f M(x)V' = EIl + Cin (3.3)
)n = 2EI X 2 + CinX+ C2n (3.4)
where ci and C2n are integration constants, and Tin is the deflection function for
the nth region.
In order to determine the values of the constants of integration, various conditions
must be applied. The face sheet experiences no deflections or bending moments at
the pin supports, so the boundary conditions at the supports are given as
v(0) = v(L) = 0 (3.5)
v"(0) = v"(L) = 0 (3.6)
Since the problem is symmetric, the slope of the face sheet at the midpoint of the
beam is zero:
V ' --)= 0 (3.7)
2
Finally, the displacement and slope must be equal for the different regions at the
points where they meet:
vi(a) = v2(a) (3.8)
v'(a) = v'(a) (3.9)
v 2 (L - a) = v3 (L - a) (3.10)
(L -- a) = v (L - a) (3.11)
In order to determine the deflection of the face sheet, the bending moment in each
region must also be calculated. This can be done through the assistance of free-body
diagrams. Separate free body diagrams must be used for each region of the face
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sheet. Figure 3-4 shows the free body diagrams at a point x within regions 1 and 2
of the face sheet. In this figure, Al is the bending moment and V is the shear force
at x. Since no forces are applied to the face sheet, and since the pin supports do not
restrict the rotation of the face sheet, there are no reaction forces or moments at the
supports. Therefore, the bending moment in region 1 is zero:
M(x) = 0, 0 < x < a (3.12)
Due to the symmetry of the problem, the bending moment in region 3 is, therefore,
also zero:
M(x)=O, L-a<x<L (3.13)
Finally, the bending moment in region 2 is equal and opposite to the applied moment:
M(x) = -Ao, a < x < L - a
(a)
(3.14)
'a
(b)
Figure 3-4: Free-body diagrams at a point x within a) region 1 and b) region 2 of the
face sheet.
Now that the conditions and bending moments are known, all that remains is to
substitute these into Equations 3.2, 3.3, and 3.4 for each face sheet region in order to
obtain values for the integration constants. First, substituting the deflection boundary
condition (Equation 3.5) into Equation 3.4 at the left pin support gives a gives a value
for C2 1 :
C21 = 0 (3.15)
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Next, substituting the symmetry condition (Equation 3.7) and the region 2 bending
moment (Equation 3.14) into Equation 3.3 at the midpoint of the beam and rear-
ranging gives a value for C12 :
C12 - (3.16)2EI
Substituting Equation 3.3, the bending moments in regions 1 and 2 (Equations 3.12
and 3.14), and the known integration constants (Equations 3.15 and 3.16) into the
slope continuity condition at the left point moment (Equation 3.9) gives a value
for c11 :
c11 = -- - - a (3.17)
Finally, substituting Equation 3.4, the bending moments in regions 1 and 2 (Equations 3.12
and 3.14), and the known integration constants (Equations 3.15, 3.16, and 3.17) into
the deflection continuity condition at the left point moment (Equation 3.8) gives a
value for C2 2 :
Mo a2
C22= - (3.18)2EI
Substituting the integration constants (Equations 3.15 through 3.18) into Equation 3.4
gives the face sheet deflection in regions 1 and 2:
vi(x)= - - a x (3.19)
EI 2
v2 (x) = 2Ff (-x 2 + Lx - a2) (3.20)2EI
From symmetry with region 1, the deflection in region 3 is
All L
v3(x) = E - a) (L - x) (3.21)
Bringing all of the individual deflection expressions together gives a single formula
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for the deflection in the face sheet:
J (y - a) x, 0 < x < a
v(x)= (-x 2 + Lx - a2 ), a < x < L - a (3.22)
"'1 - a) (L - x) ,L - a < x < L
A quick inspection of Equation 3.22 reveals that the end regions of the face sheet will
deflect linearly, while the region between the two point moments will deform into a
parabolic shape.
3.3 Finite-Element Model
In order to study the effects of the variation of the post dimensions on the deformation
of the face sheet, a parameterized finite element model of a section of the mirror was
created. As was done for the mathematical model discussed in Section 3.2, the effects
of a single actuator on the deformation shape of the face sheet were modeled by
including only two standoff posts.
The model was built entirely using solid CHEXA elements. Although it is likely
that round posts would be used in an actual mirror, square posts were used in the
finite element model in order to make attaching the posts to the rest of the model
easier. The width of the base and top of the posts could be varied independently
through model parameters. Nine CHEXA elements were used to construct the posts.
To simulate expansion of an actuator, equal and opposite loads were applied to the
posts. The magnitude of each of these loads was divided by four, and forces of this
magnitude were applied to the four grid points at the middle of the posts' top sides.
Figure 3-5 shows the finite element model of the flat mirror section.
In Section 3.2, the region of the face sheet between the posts was shown to deform
into a parabolic shape under actuation. To compare the results of the finite element
model to the mathematical model, and to minimize the impact of edge effects on the
results, the deformation of the strip of elements between the two posts was observed.
Due to this choice, a higher mesh density was used for the region of the face sheet
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Figure 3-5: Finite element model of the flat mirror section. The applied forces are
shown in green.
between the posts than for the rest of the face sheet. This variation of fidelity is
visible is Figure 3-5.
The model constraints were chosen in an attempt to recreate the pinned condi-
tions used in the mathematical analysis discussed in Section 3.2. However, unlike the
mathematical analysis, the elements in the finite element model are free to move in
three dimensions rather than two. Therefore, the constraints were chosen in order
to eliminate z-axis translation and rotation of the entire model. All constraints were
applied to the corners of the front side of the face sheet. The translational motion
of one corner was constrained entirely, and the other corner at that end of the face
sheet was allowed to translate in the y-direction only. The corners at the other end
of the model were allowed to translate in the x- and y-directions. None of the four
points was allowed to translate in the z-direction (the direction normal to the face
sheet), but, since pinned supports were being modeled, all four corners were allowed
to rotate in any direction. Figure 3-6 shows the unconstrained translational degrees
of freedom at the four corners.
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Figure 3-6: Unconstrained translational degrees of freedom at the corner supports of
the face sheet model, shown in red.
3.3.1 Curve Fitting and Coefficient of Multiple Determina-
tion
The analysis in Section 3.2 showed that, ideally, the section of the face sheet between
the two posts should deform into a parabolic shape when the actuator applies mo-
ments to it through the posts. However, the mathematical model assumed that the
moments were applied at points, but the loads in the finite element model will be
spread over an area due to the finite widths of the standoff posts. It is likely that
localized stresses will occur near the posts, causing the deflection of the face sheet
near the posts to deviate from the ideal parabolic shape.
In order to determine how far from the ideal parabolic shape the calculated de-
formation of the face sheet was, a quadratic curve fit was applied to the deformation
results of a line of grid points in the model. The grid points chosen ran between the
two posts along the centerline of model. The line extended to the center element of
each post in order to capture the behavior of the face sheet directly below the posts.
The grid points chosen were on the reflective side of the face sheet (the side opposite
the side with the posts), as the optical performance of the mirror depended on the
deformations of this side. This line of grid points included 203 points, and is shown
in Figure 3-7. Once a quadratic curve was fitted to the data, the quality of the fit
was calculated in order to determine how much the stress concentrations around the
post disrupted the parabolic deformation shape.
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Figure 3-7: The line of grid points to which the least-squares quadratic curve fit was
applied, highlighted in red.
The least squares method, as described by Strang [34], can be used to fit a
quadratic curve to the deformation data. Ideally, an exact parabolic curve fit to
all of the data would give a single quadratic equation that describes each data point:
a + 3xn + lXn = Zn (3.23)
where a, #3, and -y are the coefficients of the quadratic equation, and x, and zo, are
the deformed x- and z-coordinates of the nth grid point. Writing the equation for
each point in matrix form gives
1 x1 x
1 x 2  x
1 x,_1x i
1 x, Xn
a
/3
zi
Z2
(3.24)
Zn_1
Zn
This can be written more compactly as
Aw = z (3.25)
Finding a quadratic curve to fit the data amounts to finding values for a, 0, and -Y,
the three elements of the w vector. However, since the number of rows in the A
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matrix is much larger than three - A has 203 rows of deformation data - then the
system is over-defined, and it is likely that there is no solution that satisfies all of the
rows of Equation 3.24.
Since no exact solution can be found, a solution that minimizes the sum of squares
of the residuals between the data and the curve is obtained instead. The residuals,
which are the difference between the z-displacements and the curve fit, can be ex-
pressed as
en = Zn - a + OX. + -YX (3.26)
where en is the residual of the nth data point. This equation can be expressed in
terms of the matrix A and the vectors w and z:
e = z - Aw (3.27)
The sum of the squares of the residuals is equal to the square of the Euclidean norm
of the residual vector, e:
n
e2 = lie|| 2 = ljAw - z112 (3.28)
i=1
The right hand side of this equation can be expanded to show that it is quadratic:
lAw - z||2 = (Aw - z)T (Aw - z) = wT AT Aw - WTAT z -- zTAw + zTz (3.29)
Combining like terms in Equation 3.29 and dividing by two gives a polynomial, P,
which is easy to minimize:
P = wT AT Aw - WTAT z + -zT z (3.30)
2 2
Since P is a quadratic function of w, it can be minimized by setting its derivative
with respect to w equal to zero:
dP
= AT Aw - A TZ = 0 (3.31)
dw
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Solving this equation for w gives the solution for w that minimizes the sum of the
squares of the residuals:
w = (AT A)- ATz (3.32)
Once the least-squares quadratic curve has been fitted to the data, the quality of
the curve fit can be determined. This can be done by using the coefficient of multiple
determination, R2, which is described by Montgomery, Runger, and Hubele [32]. For
a least-squares curve fit to a data set, the coefficient gives a measure of how well
the curve fits the data set. It is a real number between zero and one; the coefficient
approaches one as the the fit improves. It is given by
R2 = 1 - E(3.33)
SST
The residual sum of squares, SSE, is simply the sum of the squares of residuals:
n
SSE = Z (3.34)
i=1
The total corrected sum of squares, SST, is the sum of the squares of the differences
between the z-displacements and their mean value, f:
n
SST = (zj - f)2 (3.35)
i=1
3.4 Finite Element Analysis and Results
In order to determine the effects of varying the post dimensions on the deformation
shape of the face sheet, the top and bottom post widths were varied while holding the
rest of the model's parameters constant. Table 3.1 shows the constant parameters.
Two top post widths were used, 0.5 mm and 3 mm, and twenty base widths were
analyzed for each.
For each combination of top and bottom widths, a Nastran static analysis was
used to calculate the face sheet deformation under the applied load. The deformation
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Table 3.1: Flat mirror segment constant parameters.
Geometric parameters
Face sheet thickness
Post base to mirror edges
Post center to post center
1.5 mm
10 mm
35 mm
Post height .5 mm
Material properties
Material Silicon carbide
Young's modulus 375 GPa
Poisson's ratio 0.17
Density 3200 kg/m 3
Load
Total force applied 1 N at each post
data from the strip of grid points between the posts were extracted, and a quadratic
least-squares curve was fitted to the data, as described in Section 3.3.1. Figure 3-8
shows a typical deformation result, along with its corresponding least-squares curve.
For each combination, the coefficient of multiple determination was calculated in or-
der to evaluate how closely the face sheet deformation matched the ideal parabolic
shape. Figure 3-9 shows the coefficients of multiple determination for each combina-
tion tested.
y = -0.2817688307
- Deformaton Data
- - Otjacrattc Least-Squarea Fit
x2 + 9.8154741191x + 101.4722408592
R2 a 0.9995723252
.5 0 5 10 15 20 26 30 35 40
Location (mm)
Figure 3-8: Deformation results and quadratic least-squares curve fit for a post top
width and base width of 0.5 mm. The equation for the curve and the coefficient of
multiple determination are displayed.
Figure 3-9 shows that the coefficients of multiple determination were very high
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Figure 3-9: Coefficient of multiple determination for each combination of post top
and base widths tested.
for each combination of post base and top widths tested, above 0.99955, indicating
that each least-squares curve matched the data it was fitted to very closely. This
means that, in each case, most of the data points followed the parabolic deformation
shape closely, and that only a few data points near the posts deviated from the ideal
shape. However, even though all of the coefficients of multiple determination were
very large, clear trends are visible in Figure 3-9. For both top widths, a maximum
coefficient of multiple determination was reached at a base width near the face sheet
thickness of 1.5 mm. For base widths below this optimum, it is believed that high
stress concentrations around the post cause the deformations there to deviate from the
ideal parabolic shape. Increasing the size of the base spreads the load out and reduces
the stress concentration, but the addition of material also causes a localized increase
in stiffness. At base widths above the optimum, the localized increase in stiffness
relative to the rest of the face sheet causes deviation from the ideal deformation
shape.
3.5 Conclusions
For the analysis discussed in this chapter, the customer had provided a set of mirror
dimensions, such as the face sheet thickness and the standoff post height, and was
interested in the impact of varying the post base and top widths while holding these
other parameters constant. For this set of design parameters, a post base width equal
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to the face sheet thickness was suggested to the customer. In this case, a design
improvement was found by a simple analysis that took a relatively short time to
perform: results were provided to the customer within a couple of weeks.
However, while the analysis performed here found an optimum design within the
limited design space provided, a much wider design space is available for future ex-
ploration. For instance, a constant post height was assumed, but varying the post
height may affect the deviation of the deformation shape from the ideal parabolic
shape, though it may also affect the authority of the actuators to deform the face
sheet. Also, though the results here showed that a post base width close to the
face sheet thickness is ideal, it is not known whether this holds true over all face
sheet thicknesses. Repeating this analysis with a range of thicknesses will answer this
question. Though the analysis requested by the customer was completed in a timely
manner, many more unexplored possibilities exist for this mirror design.
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Chapter 4
Structural Design for Launch
Loads
Designing a spacecraft structure to survive the rigors of launch presents a unique
challenge to the structural engineer. When designing a spacecraft structure, the
engineer is, in essence, designing one part of a coupled system, which includes the
launch vehicle as well as the spacecraft. Due to interaction between the two parts,
the design of the spacecraft affects the loads that are imparted by the launch vehicle.
Furthermore, the coupled system cannot be physically tested prior to flight; although
numerous hardware tests may be performed on the spacecraft before it is mated to
the launch vehicle, the true structural performance of the coupled system cannot
be known until the launch has already taken place. Even then, such data is rarely
available, as the equipment needed to instrument and telemeter the data adds to the
weight and cost of the spacecraft.
Further challenges arise in the restricted flow of information between the spacecraft
organization and the launch vehicle organization. The launch vehicle organization is
usually reluctant to release detailed launch vehicle models to the spacecraft orga-
nization, as such information is typically considered to be proprietary. The launch
vehicle's payload planner's guide, which is published by the launch vehicle organiza-
tion and is normally publicly released, gives design limit load factors and load spectra
at the interface between the launch vehicle's upper stage and the spacecraft. However,
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these numbers are calculated with a generic payload in mind; since the launch provider
usually does not have adequate visibility into the design of the spacecraft, there is no
guarantee that the design requirements it provides will not be exceeded [23].
4.1 The Load Cycle Process
As changes to any particular part of the spacecraft's design have corresponding ef-
fects on the entire coupled spacecraft/launch vehicle system, the design process must
necessarily be iterative. The Load Cycle Process, illustrated in Figure 4-1, is one such
iterative process for the design of a primary payload [22, 24]. This process is used on
United States Air Force programs as well as many others. The process is divided into
tasks handled by General Systems Engineering and Integration (GSE&I), which con-
sist of a series of alternating design and load cycle phases, and independent analysis
conducted by a separate Independent Verification and Validation (IV&V) team.
Figure 4-1: The Load Cycle Process.
The process begins with formulation of the spacecraft's preliminary design require-
ments (Box A in Figure 4-1). These requirements are used along with an appropriate
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set of design limit load factors to size the spacecraft's structure and create a prelim-
inary analytical finite element model (B). This model is used to derive a structural
dynamic model and internal load recovery equations, which convert structural re-
sponses to internal loads, stresses, and deflections. These are passed to the launch
provider for the preliminary design load cycle (C).
For each load cycle in the GSE&I process (C, F, and J), including the prelim-
inary design load cycle, the launch vehicle organization combines the information
provided by the spacecraft organization with its own launch vehicle model to produce
a coupled spacecraft/launch vehicle model. Several critical launch events are mod-
eled and simulated in order to calculate the spacecraft and launch vehicle internal
loads experienced during each event. The calculated spacecraft loads are reported to
the spacecraft organization, while the launch vehicle organization retains the launch
vehicle loads for structural margin assessment of the launch vehicle.
The spacecraft loads calculated during the preliminary design load cycle are used
to identify weaknesses in the spacecraft's structural design. Parts of the structure in
which the calculated stresses exceed safety margins are redesigned, and the spacecraft
models are updated to reflect these changes (E). If no additional structural problems
are identified after the redesigned structural model is analyzed during the final design
load cycle (F), then manufacturing of the spacecraft structure proceeds.
Structural analysis does not conclude when manufacturing begins; hardware test-
ing provides valuable information that is used to refine load predictions (H). Testing
may take place on the actual structure or on structural test articles. A variety of tests
may be performed, although inclusion of a mode survey test as part of the testing
regime is strongly advised [22]. The data from these tests are used to further refine
the spacecraft models (I).
The final spacecraft models are used in the verification load cycle (J), which gives
a final assurance that the encountered launch loads will fall within the acceptable
margins of the spacecraft and launch vehicle structures. Typically, an independent
organization will also perform an analysis of the coupled system in order to check for
errors in the loads calculations (K, L, and M). The final calculated loads are used
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as part of the flightworthiness assessments and qualifications of both the spacecraft
and the launch vehicle (0 and P). The verification load cycle data are also used in
conjunction with launch vehicle trajectory simulations and wind data from weather
balloons for day-of-launch analyses, which are used to determine whether atmospheric
conditions will prevent launch (Q).
The material in this thesis and the work of the MOST team deals with the first
two phases of the Load Cycle Process: creation of the preliminary analytic model
(B), and, to some extent, determination of the preliminary design requirements (A).
4.2 Sources of Launch Loads
During launch, the spacecraft and launch vehicle will transition through a variety of
environments, from a stationary start on the launch pad to an orbital trajectory in
the vacuum of space. However, despite this wide variety, a handful of critical events
have been identified that produce the most significant loads that the spacecraft will
experience. The most important events include liftoff, atmospheric flight (including
transonic flight), staging and separations, and engine ignitions and shutdowns [22].
Throughout all events, the loads that the spacecraft experiences can be classified
into four types. The first type is quasi-static, which includes loads that may vary
in time, but do so relatively slowly such that the structural dynamics of the vehicle
are not excited [37]. The second type is acoustic, which are loads imparted on the
spacecraft by variations in air pressure in the pressurized environment inside the
launch vehicle's payload fairing. Sinusoidal base vibrations, the third type, are high
frequency vibrations caused by the vibrations of the launch vehicle being transfered
to the spacecraft through the payload interface. Finally, high-frequency shock loads,
which are often caused by staging and separation, are short-duration high-frequency
loads, and are also imparted through the payload interface.
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4.2.1 Liftoff
Liftoff is a brief, nonlinear event which includes engine ignition, throttle-up, and the
transition of the launch vehicle from pad tiedown to flight. Despite its short duration,
a wide variety of loads act upon the spacecraft and launch vehicle during this event.
The loads experienced by the spacecraft and launch vehicle during liftoff come
from many different sources. Loads may be imparted on the launch vehicle through
connections and contact with the launch pad and umbilical structures. Addition-
ally, some launch vehicles are held to their launch pad by explosive bolts, which are
detonated after engine ignition to release the launch vehicle once satisfactory engine
performance has been confirmed. The most visually dramatic load source is engine
ignition and throttle-up, which imparts axial loads on the spacecraft/launch vehicle
system. Gravity is also important to consider, as the rocket thrust must exceed the
weight of the vehicle in order to achieve flight. Transverse loads are generated by
winds, both prior to engine ignition and once the system has risen off of the pad.
From the spacecraft's perspective, one of the most important effects encountered
during liftoff is the ignition overpressure pulse. At engine ignition, the difference in
pressure between the gases exiting the rocket nozzle and the surrounding atmosphere
generates a pressure wave that reflects off the launch pad, travels down the launch
pad's flame duct, and expands from the flame duct exit, as pictured in Figure 4-2.
The pressure differential across the wave acts as a forcing function, exciting structural
modes as it travels across the launch vehicle. The ignition overpressure pulse is one
of the two factors that contribute to the maximum acoustic load imparted on the
spacecraft. Some launch systems may utilize water sound suppression to dampen
acoustics and reduce the intensity of the pulse; such a system is pictured in Figure 4-3.
4.2.2 Atmospheric Flight
During the spacecraft/launch vehicle system's ascent through the atmosphere, it ex-
periences loads similar to those that would be encountered by a high-performance
jet airplane. Most of the loads considered during this stage are a result of external
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Figure 4-2: Ignition overpressure pulse.
Figure 4-3: Test of the Space Shuttle's water sound suppression system at Kennedy
Space Center's Pad 39A [7].
fluid dynamics. The vehicle travels at high speeds through the atmosphere, so it
experiences lift and drag forces. As the system progresses through the atmosphere, it
will experience gust loads, which are due to spatial variations in atmospheric winds.
The system will also experience buffeting, which differs from gust loading in that the
loads are due to localized atmospheric disturbances caused by the launch vehicle it-
self rather than gross variations in atmospheric conditions. Buffeting loads may come
from turbulence and, in the transonic and supersonic regimes, shocks. Of particular
concern are transonic shocks, which, along with the ignition overpressure pulse dis-
cussed in Section 4.2.1, contribute to the maximum acoustic load imparted on the
spacecraft.
In addition to these fluid loads, the launch vehicle's flight controls also impart
varying loads on the system. The autopilot will constantly adjust the vehicle's atti-
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tude, by means of gimbaled engine nozzles or thrusters, in order to follow a prescribed
trajectory. The autopilot will also continually vary and adjust the engine thrust. A
significant throttle-down occurs at "max Q," the point in the flight at which maxi-
mum dynamic pressure is achieved, in order to avoid increasing the dynamic pressure
beyond what the launch vehicle structure can safely endure.
4.2.3 Staging and Separations
A launch vehicle will jettison large portions of its structure at several points through-
out the launch. This is done to reduce the amount of mass that the launch vehicle
must carry to orbit, which therefore reduces the vehicle's size and the amount of fuel
needed. Jettisoned mass may include engines, payload fairings, spent solid rocket
boosters or strap-on core boosters, and rocket stages. These separation events are
usually accomplished through the use of springs or by detonating pyrotechnic bolts,
and therefore cause considerable shock loads to be imparted on the spacecraft/launch
vehicle system. The separation event that imparts the highest load on the spacecraft
is the separation of the spacecraft from the launch vehicle's upper stage at the conclu-
sion of the launch [12, 13, 20]. This is because the devices used to initiate spacecraft
separation are located at the payload interface, so the load paths between these de-
vices and the spacecraft are much shorter than the load paths between the spacecraft
and the devices used for other separation events.
4.2.4 Engine Ignitions and Shutdowns
At several points throughout the launch, the launch vehicle's engines will be started
or shut down, causing rapid changes in the steady-state loads. Several of the events
already discussed include these types of engine events. For instance, an engine ig-
nition occurs during liftoff, and engines are shut down and ignited during staging.
However, engine starts and shutdowns are not limited to these events alone. In par-
ticular, some missions require a series of upper stage burns and coast phases in order
to deliver a spacecraft to its intended trajectory. The ground track of such a mis-
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sion, the launch of the GOES-N satellite by a Delta IV launch vehicle, is shown in
Figure 4-4 and illustrates the three upper stage burn phases used to deliver GOES-N
to a geosynchronous transfer orbit. Marks along the ground track show the first stage,
or "cmain," engine cutoff (MECO); upper stage, or "second," engine cutoffs (SECO)
and restarts; and spacecraft (S/C) separation and apogee, as well as telemetry sta-
tion coverage regions. Times for each event, in parentheses, are given in seconds after
liftoff.
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Figure 4-4: Ground track of the Delta IV GOES-N launch [8].
4.3 Quasi-Static Analysis
Quasi-static analysis using an appropriate set of design limit load factors is usually
recommended for preliminary structural design prior to the preliminary design load
cycle (refer to Figure 4-1). This is due to the coupled behavior of the integrated
spacecraft/launch vehicle system: the design of the spacecraft influences the dynamic
behavior of the entire system, which, in turn, influences the loads imparted on the
spacecraft during launch. Furthermore, recall from the chapter introduction that
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the spacecraft organization typically does not have adequate visibility into the launch
vehicle program to predict the imparted loads as a function of the spacecraft's design.
It is for these reasons that the spacecraft organization can typically only be held
responsible for meeting low-frequency structural requirements [23].
In general, spacecraft structures are classified into two types. The first type, pri-
mary structures, are structures that are the main load-bearing elements during launch.
Preliminary design of primary structures is usually initiated with a set of preliminary
design load factors [23]. The launch vehicle payload planner's guides [12, 13, 20] pro-
vide preliminary load factors; an example is shown in Figure 4-5. The method in
which these load factors are presented varies among launch vehicle organizations, but
the factors will typically define an envelope within which all of the accelerations expe-
rienced by the spacecraft are expected to fall. However, these load factors should be
used with caution. As mentioned in the chapter introduction, these load factors are
calculated for a generic payload, and may not be appropriate for more unorthodox
spacecraft designs. Additionally, the factors are defined at the interface between the
spacecraft and the launch vehicle; spacecraft structures located further away from
the interface may experience accelerations in excess of these load factors. To remedy
this problem, the Aerospace Corporation suggests that a constant load factor should
be used between the interface and the spacecraft's center of gravity, and that the
load factor should increase linearly with distance above the center of gravity [29].
The rate of increase is usually selected through prior experience, and is not a trivial
matter. If the selected rate is too small, the load factors will fail to include all of the
accelerations the spacecraft will experience, but selecting too large a rate will lead to
the addition of unnecessary structural weight. In addition to meeting the preliminary
design limit load factors, the structure must also meet minimum natural frequency
requirements, which are set forth in the payload planner's guides, in order to avoid
dynamic interaction with the low-frequency modes of the launch vehicle.
Secondary structures, the second spacecraft structure type, usually include such
components as antennas, solar panels, and other appendages. The main difference be-
tween primary structures and secondary structures is that, unlike primary structures,
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Figure 4-5: Spacecraft Design Limit Load Factors for the Atlas V launch vehicle [20].
The different colors represent different Atlas V versions. Load factors (both axes) are
given in g.
secondary structures are designed for some task other than acting as main load-
bearing supports. For quasi-static analysis of secondary structures, a cantilevered
model of the component, separate from the rest of the structure, is used. The design
limit load factors are typically selected from a mass acceleration curve (MAC), which
defines the design limit load factor as a function of component weight. Although
many MACs are available, the Aerospace Corporation recommends the "50-g MAC,"
which is shown in Figure 4-6 [29]. To use a MAC, a designer enters the chart with
the component weight and reads off the corresponding load factor, which is then
be applied to the designer's component model. Like primary structures, secondary
structures are also subject to minimum frequency requirements.
4.3.1 MOST Implementation of Quasi-Static Analysis
The MOST modeling framework was used to implement a quasi-static launch load
analysis. A single hexagonal segmented isogrid mirror petal was chosen for testing.
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Figure 4-6: The 50-g Mass Acceleration Curve (MAC). The red markings indicate
the approximate weight and corresponding load factor for a MOST hexagonal mirror
petal.
The finite element model, as illustrated in Figure 4-7, was obtained by modifying
the MOST segmented mirror model, generated in MATLAB, to create only a single
petal, and by omitting the code used to generate and integrate the rest of the MOST
structure. Figure 4-7 shows the location of a petal relative to the entire MOST model.
Cantilever conditions were applied to the points that connect the petal to the central
bar ring in the full MOST model, which are highlighted in green in Figure 4-7. Since
the model was derived from the main MOST program code, the use of parameters to
change the geometry of the model is still supported. In addition, an extra parameter
was added to allow the user to rotate the model about the x-axis (refer to Figure 4-8).
This allows the user to simulate a stowed orientation rather than a deployed orienta-
tion if desired. All of the analyses discussed here used a single set of mirror segment
parameters, shown in Table 4.1, but the user is also able to vary these parameters in
order to evaluate a design space.
Two load cases are implemented in the program. The first case, "Envelope,"
allows the user to input a set of axial/lateral design load limit factor pairs. The
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Figure 4-7: Finite element model of a single segmented mirror petal, used for quasi-
static launch load analysis. The viewing angle reveals the petal's ribbed backstruc-
ture.
program tests each load pair in turn, and generates separate results for each test.
This mode allows the user to program in a limit load factor envelope, like that shown
in Figure 4-5. The second case, "MAC," causes the program to calculate the model's
mass using Nastran. The calculated mass is converted to weight, in pounds, which is
used to select the appropriate lateral load from the 50-g MAC shown in Figure 4-6.
The user selects an axial limit load factor for this case. In both cases, an acceleration
is applied to the model as a single gravity vector, which is scaled and oriented so
that it is equal to the vector sum of the axial and lateral limit loads. This applies a
uniform acceleration to the entire model. This is a problem when analyzing primary
structures, as the applied load factor cannot be varied spatially along the model, as
was discussed in the Section 4.3 introduction. However, this is not a problem for the
analysis of the selected mirror segment, as it is treated as a secondary structure here.
Although a single axial direction is clearly defined as being along the axial cen-
terline of the launch vehicle, the lateral direction is not as clearly defined. To work
around this problem, the program assumes that the model's z-axis is parallel to the
launch vehicle's centerline, so the model's x- and y-axes point in transverse directions.
Theoretically, lateral loading could occur in any direction perpendicular to the z-axis,
but the model limits lateral loading to the positive and negative directions along the
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Figure 4-8: Quasi-static finite element model, with coordinate system directions
shown. In this figure, the model is rotated 90' about the x-axis to simulate a stowed
configuration.
model's x- and y-axes. The user may choose to test as many of these directions as
desired, and the program will run a separate analysis for each direction for each load
case.
Nastran is used to calculate the stress in each model element. Once the stresses
are calculated, the Nastran output files are parsed in order to bring the data into
MATLAB. The major and minor principal stresses are compared to material yield
strengths for each element, which are included in the parameter input file. If any of
the calculated stresses are found to exceed the yield stresses, the element is considered
to have failed.
4.3.2 Problems and Model Revisions
Work using the launch load analysis program has currently been limited to attempting
to validate the mirror segment model. This has been done by observing the effect of
increasing the model fidelity on the stress output. The model fidelity was increased
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Table 4.1: Hexagonal mirror segment parameters.
Optical parameters
PM diameter 3 m
F-number 1.5
Final focal ratio 20
Rib rings 3
Rib aspect ratio 4
Areal density 10 kg/M 2
Mirror material parameters
Material Silicon carbide
Young's modulus 375 GPa
Poisson's ratio 0.17
Shear modulus 26.0 GPa
Density 3200 kg/M 3
Design stress 70 MPa
Actuator parameters
Cross-section radius 2 m
Material Lead zirconium titanate
Young's modulus 63.0 GPa
Shear modulus 10.0 GPa
Density 7650 kg/M 3
by increasing the number of face sheet and rib elements, as shown in Figure 4-9,
while keeping the mirror geometry parameters constant. For all analyses, the mirror
segment was set in the deployed configuration, and the lateral acceleration was applied
in the negative y-axis direction.
Since the mirror is being treated as a secondary structure, it was originally desired
to use the MA C program case to generate loads. However, the calculated weight
changed as fidelity increased, which cause the applied load to change as well. This
is due to the fact that the curved mirror surface is approximated in the model using
flat plate elements. As the mirror fidelity changes, the number of flat plate elements
used to approximate this curved shape also changes. Also, as will be described later,
the changing length of the piezoelectric actuators also affects the weight calculation.
Figure 4-10 shows the changing weight of the finite element model of the mirror
segment. The MAC results were retained, as knowledge of the effect of fidelity on
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(a) (b)
Figure 4-9: Mirror segment model comparison, illustrating a) a low-fidelity model
and b) a high-fidelity model. Fidelity is defined as increasing as more finite elements
are used to model the mirror.
the MAC calculations was desired, but the Envelope case was also used in order
to provide a constant lateral load over all fidelities. The Envelope lateral load was
selected to be on the same order as the loads calculated by the MAC case, which was
observed to be approximately 28g. This problem arose for the lateral loading only;
a 6g axial acceleration was applied for both cases, as the axial load is selected by the
user in the MA C case, and is not dependent on mass.
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Figure 4-10: Quasi-static finite element model weight as a function of model fidelity.
The spike at 22.5 elements/m is due to an increase in piezoelectric actuator length
from the lower 18 elements/m fidelity level; the actuators decrease in length as fidelity
increases beyond this point.
Some results of the preliminary analyses are shown in Figure 4-11. This figure
shows the maximum tensile stress obtained in the top surface from among all of the
model's CQUAD4 elements ("top" and "bottom" are determined by the order in
which the grid points are listed in the element definition in the input file). Although
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the graph shows only the results of one type of element in tension, it is representative
of all of the results obtained; the remaining results are included in Appendix A.
Ideally, the maximum stress would converge to a particular value as fidelity increases,
but results show that the maximum stress increases as model fidelity increases without
any indication that it will converge. Because of this, the maximum stress value is
uncertain, which indicates that the model needs to be refined.
1400
-- MAC
1200 
-- Enwelope
1000 - -Design Stress (70 MPa)
Ca
800
200-
0
0 20 40 80 8o 100
Fidelity (elementslm)
Figure 4-11: CQUAD4 top surface maximum tensile stresses for the preliminary
quasi-static model as a function of model fidelity.
One of the possible causes of the increasing stress may have been the method in
which the original models were constrained. To cantilever the model, fixed conditions
were applied to two grid points on the face sheet on the edge of the mirror. Since
the conditions were applied to single geometric points, these conditions may have
generated point load reactions when the load factors were applied, which may have
caused inaccurate stress calculations in the finite element model near these points.
In order to alleviate this problem, solid reinforcement elements were added to the rib
intersections at which the mirrors were cantilevered. These solid elements simulate
additional material that may be added to a real rib-stiffened mirror segment to give
anchoring points for connections between the segment and supporting struts. Rather
than using only two grid points to cantilever the model, fixed constraints were added
to all of the points on the solid element faces on the edge of the mirror. Figure 4-12
illustrates the solid reinforcements.
The next identified problem concerned the piezoelectric actuators embedded in
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Figure 4-12: Solid reinforcement elements at the mirror segment cantilever points.
The constrained points are highlighted.
the ribs. In the current MOST program code, the actuators are the length of either
one or two rib elements, depending on whether the number of elements between
rib intersections is even or odd. However, since the rib elements get shorter as the
number of elements in each rib increases with increasing fidelity, this causes the length
of the actuators to decrease as fidelity increases. This affects both the weight and
the stiffness of the mirror, so the piezoelectric elements were removed from the finite
element model to remove this effect from the weight and stress calculations. The
weight of the model as a function of fidelity with the actuators removed is shown in
Figure 4-13; without the actuators, the weight of the mirror segment converges to a
value of about 19.35 lbs as model fidelity increases. The weight of the model with
actuators is included in the figure for comparison.
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Figure 4-13: Weight of the solid-reinforced finite element model as a function of model
fidelity. Weights are shown for models with and without piezoelectric actuators.
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In the solid-reinforced model, there were places where plate elements connected
directly to solid elements. Nastran calculations may be inaccurate when these two
types of elements are connected. In order to avoid these problems, connector and
transition elements were added to the model. RSSCON shell-to-solid element con-
nectors were used to connect the face sheet plate elements to the solid elements. The
solid elements were split into a face sheet layer and a lower layer; this was done to
allow the plate elements, and the solid elements connected to them, to be of similar
thickness, as suggested by the RSSCON entry in the MSC.Nastran Quick Reference
Guide [33]. The splitting of the solid elements created a grid point mismatch between
the solid element edges and the rib plate elements. To remedy this, the offending edges
were defined as geometric boundaries using GMBNDC geometric boundary elements,
which were then connected using GMINTC geometric interface elements. Figure 4-14
shows the modified solid elements, and highlights the RSSCON and GMINTC ele-
ments. In the figure, it appears that the face sheet layer of solid elements protrude
above the surface of the mirror. This is due to a limitation in how FEMAP, the
program used to generate the graphic, renders plate elements, and is not a modeling
error. FEMAP displays plate elements as being infinitely thin; however, the face sheet
plate elements in the finite element model are the same thickness as the "protruding"
solid elements.
(a) RSSCON element connectors. (b) GMINTC geometric interfaces.
Figure 4-14: Modified solid reinforcements.
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4.3.3 Results
After each model refinement discussed in Section 4.3.2, the MAC and Envelope cases
were tested again. Figure 4-15 shows some of the results of these tests, and includes
the results shown in Figure 4-11 for comparison. This figure shows the maximum
tensile stress obtained in the top surface from among all of the model's CQUAD4
elements. Although the graph shows only the results of one type of element in tension,
it is representative of all of the results obtained; the remaining results are included
in Appendix A.
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Figure 4-15: CQUAD4 top surface maximum tensile stresses for all quasi-static model
versions as a function of model fidelity.
Figure 4-15, that the initial addition of the solid reinforcement elements resulted
in a large reduction in maximum stress for a given fidelity level. This figure also
shows that each additional model refinement slightly reduced the maximum stress in
the model. However, the maximum stress still increases as model fidelity increases
for each model version. This behavior suggests that, while the mirror segment finite
element model has been improved significantly by the model refinements, more work
is necessary to eliminate the the increase in maximum stress with model fidelity.
It is important to note that many of the maximum stresses calculated for each fi-
delity level and load case exceed the design stress of the material, as seen in Figure 4-15.
It is likely that trade studies will need to be performed on the mirror in order to find
a design in which the design stress is not exceeded. This highlights the importance of
solving the maximum stress calculation problem in the finite element model, as trust-
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worthy stress results are needed in order to evaluate the survivability of the mirror
segment.
However, even though the model cannot yet be used to predict maximum stress
magnitudes, the results can still be used qualitatively to identify the regions of the
mirror segment that will experience the most severe stresses. Figure 4-16 shows the
major principal stresses in the model's plate elements. The light blue and red areas,
which indicate the areas of highest tension, show that the face sheet in the vicinity of
the cantilever connection points receives the highest tensile stresses. The lower-left
and lower-right face sheet cells also experience elevated tensile stress near the segment
edge. Figure 4-17 shows the minor principal stresses in the model's plate elements.
The dark blue and purple areas, which indicate the areas of highest compression, show
that the four ribs attached to the cantilever connection points receive the highest
compressive stresses. For each figure, both low-fidelity and high-fidelity models are
shown to illustrate that changing the fidelity level of the model does not significantly
change the locations of the high-stress regions in the model, even though the stress
magnitudes in these regions do change.
(a) Low-fidelity model, 18 elements/m (b) High-fidelity model, 90 elements/m
Figure 4-16: Major principal plate stresses for the Envelope load case. The cantilever
points are located at the bottom edge in the pictures. Due to changing maximum
stress magnitudes, the two color scales are not identical.
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(b) High-fidelity model, 90 elements/m
Figure 4-17: Minor principal plate stresses for the Envelope load case. The cantilever
points are located at the lower-left edge in the pictures. Due to changing maximum
stress magnitudes, the two color scales are not identical.
4.3.4 Investigating Maximum Stress Calculation Problems
After unsuccessfully attempting to eliminate the strong dependence of the maximum
stress in the mirror on model fidelity, further analyses were performed in order to
gain a better understanding of the problem. These analyses included loading the
model with a constant, fidelity-independent force pattern, and observing the principal
stresses at specific points in the model.
The gravity vectors used in the MA C and Envelope load cases apply an accelera-
tion to the entire model. However, since the mirror model attempts to approximate a
curved face sheet surface using flat plate elements, the geometry of the model changes
as more grid points are added to the model when the fidelity is increased. Therefore,
since the acceleration is applied to the entire model, the resulting load on the model
is changed as the geometry changes with fidelity. In order to determine whether this
change in load was significant enough to produce a noticeable effect on the maxi-
mum stresses in the model, the gravity loads were replaced with constant point forces
applied to carefully chosen grid points.
The changing geometry caused by changing the model fidelity also complicated
the selection of the grid points at which to apply the forces. In order to completely
uncouple the loading conditions from model fidelity, it was necessary to apply the
105
- ---------
(a) Low-fidelity model, 18 elements/m
forces to grid points that remained in the same location for each model fidelity level
analyzed. Increasing the model fidelity causes additional grid points to be added to
the face sheet and ribs. The mirror model distributes the grid points evenly, so the
grid points in the face sheet and ribs are rearranged when fidelity is increased in order
to accommodate the new grid points. However, the location of the rib intersections
in the model does not change as model fidelity changes. Therefore, the point forces
were applied to grid points at the model's rib intersections. In order to simplify the
algorithm used to find these grid points in the model, forces were not applied to rib
intersections on the edge of the mirror. Figure 4-18 illustrates this loading pattern,
which was referred to as the "Force" load case.
Figure 4-18: Forces applied to the rib intersections of the mirror segment. The
cantilever points are located at the lower-left edge in the picture.
In order to determine the behavior of the maximum stress in relation to the model
fidelity, a 100 N force was applied at each point, and the model fidelity was varied
while holding the mirror segment geometry constant. For this analysis, the mirror
segment was set in the deployed configuration, and the forces acted in the negative
z-axis direction.
Before looking at the numerical data, the resulting stress patterns were observed
in order to ensure that the point forces produced stress patterns were similar to those
produced by the acceleration-loaded cases. Figures 4-19 and 4-20 show the principal
stress patterns in the point-loaded low-fidelity and high-fidelity models. Comparing
these to Figures 4-16 and 4-17 shows that, although they are not an exact match, the
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stresses produced by the Force case are similar to those produced by the acceleration-
loaded cases. Specifically, the highest tension stresses occur near the cantilever points,
and the highest compression stresses occur in the four ribs connected to the cantilever
points.
(a) Low-fidelity model, 18 elements/m (b) High-fidelity model, 90 elements/m
Figure 4-19: Major principal plate stresses for the Force load case. The cantilever
points are located at the bottom edge in the pictures. Due to changing maximum
stress magnitudes, the two color scales are not identical.
(a) Low-fidelity model, 18 elements/m (b) High-fidelity model, 90 elements/in
Figure 4-20: Minor principal plate stresses for the Force load case. The cantilever
points are located at the lower-left edge in the pictures. Due to changing maximum
stress magnitudes, the two color scales are not identical.
Figure 4-21 shows the maximum stresses in the face sheet elements adjacent to
the cantilever point solid elements as a function of model fidelity for the Force load
case. These elements were singled out because they encountered the highest tensile
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stresses of all the face sheet elements, as illustrated in Figure 4-19. The results show
that, like the acceleration-loaded cases, the maximum stresses in these elements in-
crease as model fidelity increases without any indication that they will converge to a
particular value. Therefore, since applying constant forces did not solve the problem,
the variation in gravity load, caused by changes in fidelity, was ruled out as the cause
of the strong dependence of maximum stress on model fidelity.
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Figure 4-21: Maximum stresses in the face sheet elements adjacent to the cantilever
points as a function of model fidelity for the Force load case.
Further analysis focused on determining whether the problem was a localized
problem confined to a few high-stress areas or a global problem present at all points
in the model. In order to accomplish this, the principal stresses were obtained from
seven locations in the model, which are illustrated in Figure 4-22, as model fidelity
was varied. Points 1, 2, 3, 4, and 7 correspond to rib intersections, and points 5 and 6
correspond to the centers of triangular cells formed by the ribs. Since the geometry
and arrangement of the mirror plate elements changed as model fidelity changed,
these points correspond to general stationary locations rather than specific elements
in the model. The MA C loading case was used, so the results take into account
variations due to the dependence of the loading conditions on model fidelity.
The results for two of the locations are shown in Figure 4-23; the complete results
are included in Appendix B. The stresses at the first three locations, which are at
rib intersections along the segment's centerline in the y direction, do not converge
to any stress values over the range of fidelities investigated, as seen in Figure 4-23a.
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Figure 4-22: Locations on the mirror segment model at which the principal stresses
were obtained. The cantilever points are located at the bottom edge of the segment.
However, the curvature of some of the stress data lines suggest that these stresses
may converge at fidelities higher than those investigated. The data for the mid-cell
locations, points 5 and 6, display some strange behavior, as seen in Figure 4-23b. For
both of these locations, the top and bottom stresses seem to switch when moving
from a fidelity of 72 elements/m to a fidelity of 90 elements/m. However, this switch
is most likely due to a switch in the definition of the elements' top and bottom sides
during model generation rather than any drastic change in the model's stress state;
this definition depends on the order in which the element's corner grid points are
listed in the Nastran input file. If this switch is taken into account, then the stresses
at the locations off the segment's y-axis centerline converge in the range of fidelities
investigated. Because the stresses at several locations converged, it is likely that the
problem of stress being strongly dependent on model fidelity is confined to a few
critical high-stress areas in the model, and is not a global model phenomenon.
From these analyses, the dependence of maximum stress on model fidelity appears
to be a localized phenomenon independent of the loading conditions. Future work to
improve the model may include refinement of the finite element mesh at and around
the high-stress areas in the model.
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Figure 4-23: Principal stresses as a function of model fidelity at a) point 1 and b)
point 5.
4.3.5 Buckling
In the quasi-static analysis described in the previous sections, the mirror segment
was considered to have suffered a compression failure if the maximum calculated
compressive str.ess in an element exceeded the material's compressive yield strength.
However, it is possible that the component will buckle before the compressive yield
strength is exceeded. Due to this possibility, a buckling analysis, similar to the one
used for analyzing the buckling of the tubular SST struts in Section 2.4.2, was added
to the launch load analysis program to predict the buckling behavior of the mirror
segment.
In order to determine whether the model has failed in buckling, a Nastran bucking
analysis can be performed on the same finite element model subjected to the gravity
load that was used in the quasi-static analysis. As mentioned in Section 2.4.2, the
eigenvalues resulting from the buckling analysis act as multipliers on the applied load
to give the critical load for each buckling mode. Therefore, if the magnitude of any
of the eigenvalues is below one, then the critical load of the mirror segment is lower
than the applied load, so the mirror will buckle due to the applied load. However,
if all of the eigenvalues have magnitudes higher than one, then the critical load is
higher than the applied load, and the mirror will not buckle.
Although the buckling analysis has been implemented, analysis using the launch
load program has been limited to validation of the quasi-static model. Therefore, the
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buckling behavior of the model has not yet been validated.
4.4 Dynamic Analysis
As discussed in Section 4.3, quasi-static analysis using carefully selected design limit
load factors is the recommended method for the preliminary design of structures to
survive launch. However, one of the technologies that the MOST team is investigating
is the use of piezoelectric actuators embedded in a space telescope's primary mirror
for active shape control. Although these actuators were originally intended to alle-
viate on-orbit mirror disturbances, the possibility exists that the actuators may also
be used during launch to counteract the loads acting on the relatively delicate optical
element. In order to study such a system, a typical quasi-static analysis is inade-
quate; designing a control law to dampen launch loads using the embedded actuators
necessarily requires dynamic analysis. Additionally, the difficulty in predicting the
loads highlights the need for a robust control law for launch load alleviation, though
design of such a control law lies beyond the scope of this thesis.
4.4.1 Proposed Dynamic Analysis Method
In order to illustrate how dynamic analysis of a model could be performed, a simple
spring-mass-damper problem is presented here. Although this is a much simpler
problem than analysis of a finite element model of the rib-stiffened mirror, it illustrates
the overall procedure. The basic procedure is outlined in Brown and Huang [14]
except where noted otherwise.
The example model is shown in Figure 4-24. It consists of a mass, m, connected
to a moving base by a spring, with spring constant k, and a damper, with damping
constant c. The spring and damper are assumed to represent an axially-loaded rod
with light structural damping. The mass's displacement is represented by x, and the
base's displacement is represented by Xb. The base is assumed to experience white
noise random acceleration, 4b. The desired system output is the stress in the rod, -,
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which is given by
or = --(X - Xb) N(4.1)
L _M2
where L is the length of the rod. The Young's modulus of the rod, E, is given by
E = (4.2)
a m
where a is the cross-sectional area of the rod.
m X
k c X1)C I
Figure 4-24: Spring-mass-damper system used in the dynamic analysis procedure
example.
The goal of determining the dynamic behavior of the structure is to predict failure.
This can be achieved by determining the range within which a majority of the stresses
encountered by the structure will fall, and then comparing this range to the structure's
yield stresses. If all of the stresses within this range are within the safety margins
of the structure, and if a sufficiently detailed finite element model and an accurate
load spectrum are used, it is reasonable to presume that the structure will not fail
under the loads in question. The percentage of stresses enclosed by this range - and,
therefore, the level conservatism of the analysis - is the prerogative of the customer.
Though no standard currently exists, at least 99 percent enclosure is used for most
spacecraft designs, and 99.7 percent enclosure - which, for a Gaussian distribution,
corresponds to the data within three standard deviations away from the mean [11] -
is not uncommon [22].
The first step is to find a state-space representation of the model:
6 = Aq + Bu (4.3)
y = Cq + Du (4.4)
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where q is the state vector, u is the input signal, and y is the output signal. The
spring-mass-damper system's equation of motion is
mf +c±- + kx = C:b + kxb (4.5)
Using Equations 4.1 and 4.5, and by including the mass
state vector, gives one possible state-space representation
Xb
0
k
mn
0
0
0
1 0
c k
0 0
0 0
0
C
1
0
-- 0)
xb
xb
and base velocities in the
for the system:
+
0
0
0
1
b (4.6)
x
Xb
Xb
(4.7)
Note that, in this system, the D matrix is a zero matrix.
The transfer function of a system can be found from its state-space representation:
G(s) = C(s] - A)- 1B + D (4.8)
where I is an identity matrix and s is the Laplace variable. Substituting the state-
space matrices from Equations 4.6 and 4.7 into Equation 4.8 gives the transfer func-
tion of the spring-mass-damper system:
Em
cx L
G (s) b -- -
xS ms+ cs + k kg[m2
(4.9)
For this example problem, the system has one input and one output, so small state-
space matrices and a relatively simple transfer function are produced. A complicated
finite element model will have much larger state-space matrices. Also, a finite element
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model will have multiple outputs: at least one stress output for each element, and
possibly more depending on how stresses are calculated for each particular element.
Therefore, multiple transfer functions - one for each stress output - will be produced
for a finite element model.
Once a system's transfer function is obtained, the output spectral function, SY(s),
of the time-varying output, y, can be calculated if the input spectral function, Sf(s),
is known. For a general Sf(s),
Sy (s) = G(s)Sf(s)GT (-s) (4.10)
For the example problem, the input is a white random base acceleration, so the input's
power spectral density, Szb (s), is
Sib(s) = 1 [s (4.11)
Substituting Equations 4.9 and 4.11 into Equation 4.10 gives the power spectral den-
sity for stress, S,(s):
E 2M2 .g 2-
S,(s) = G(s)S;(s)G(-s) = kg2  (4.12)
M284 + (2km - C2) S2 + k2 _ m2 - s3
For a spacecraft launch load model, a more complicated input power spectral density,
such as one that may be provided to model sinusoidal base vibrations, may be used
as an input spectral function, Sf(s).
The standard deviation, E, of an output can be calculated from its expected
average value, E (y), and its expected mean-square value, E (y 2):
E = VE (y2) - (E (y)) (4.13)
The expected average value is given by
E(y) = yfy (y)dy (4.14)
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The output power spectral density can be used to compute the expected mean-square
value of the output:
E (y2 ) = S(s)ds (4.15)
27rj 
__j.
For the example problem, this integral can be evaluated with the help of an integral
table, such as the one on page 133 of Brown and Hwang [14]:
1 [ Em 2 N
E (U 2 ) = , S(s)ds= N)2 (4.16)27rj _J e 2acL m2
The stress power spectral densities calculated for a finite element model may be
more complicated than the one calculated in this example. Therefore, numerical
integration will be needed to evaluate the integral in Equation 4.15 for these output
spectra. For the example problem, a zero-mean input signal is assumed, so the
average stress, E (a), is expected to equal zero. This simplifies Equation 4.13, so that
the standard deviation of the stress output is given by
Em2  [4 (417E = V/E (o.2) 2c 2(4.17)
As mentioned previously, once the standard deviation is known, it can be multiplied
by a factor chosen by the designer in order to calculate a maximum stress magnitude.
For example, if 99.7 percent enclosure is desired, the example model's maximum stress
magnitude is given by
3E = 3m 2acL [ (4.18)
If this value lies below the material's yield strength, the system has at least a 99.7 per-
cent chance of surviving the applied loads.
Although this framework has been demonstrated with a relatively simple system,
a more complicated system based on a finite element model with a load spectrum
as an input can be modeled with the same procedure. As mentioned in the chapter
introduction, the load spectra given in the launch vehicle payload planner's guides
may not be appropriate for the spacecraft being modeled. However, in the absence
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of better data, these spectra give at least some starting point with which to begin
analysis for a research study like the MOST project. The model will produce multiple
transfer functions, rather than the single transfer function encountered in the example
problem, and the stress spectra may be complex enough that numerical integration
is required for analysis, but each individual transfer function may be analyzed with
the basic underlying mathematical procedure discussed here.
4.5 Summary
Due to the wide variety of loads experienced during launch, designing a spacecraft
structure to survive launch is not an easy task. The task is further complicated by
the lack of information flow between the organizations responsible for designing the
spacecraft and launch vehicle. However, years of launch experience by the industry
have led to the identification of critical events and loads during launch, and iterative
procedures, including the Load Cycle Process, have been developed and proven for
reliably designing spacecraft structures.
Although launch load analysis has begun on the MOST project, much more work
remains to be done. A procedure for quasi-static analysis has been implemented,
but definitive results cannot be achieved until a fully reliable model, with stresses
that converge as model fidelity increases, is created. A mathematical framework for
dynamic analysis, in order to allow for evaluation of active damping control laws, has
been identified, but has yet to be implemented in MOST. It is presumed that once
a reliable finite element model has been created for quasi-static analysis, that this
model, with minor modifications, could also be integrated into the dynamic analysis
framework.
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Chapter 5
Conclusions
As space telescopes grow ever larger to meet growing resolution demands, it will
be increasingly important for telescope designers to construct efficient, lightweight
structures to minimize telescope masses and launch costs. The analyses discussed in
this thesis have covered several topics that will be important to designers of these
future generations of large space telescopes. Throughout the thesis, the analyses and
optimizations have been achieved through the use of parameterized finite element
models, as well as comparison with theoretical results where appropriate.
Chapter 2 focused on optimizing the design of a secondary mirror support struc-
ture. A simple tripod design was optimized by varying the materials and the strut
cross-sections, and by strategically adding crossbars to cancel out the tripod's fun-
damental vibration mode. Several baffle-type SSTs were also analyzed, and it was
shown that using a baffle frame with some type of lightweight material attached was
preferable to using a solid shell baffle. Finally, the buckling behavior of SST struts
under axial load was analyzed. All of the analyses performed indicated that it is
desirable to reduce the ratio of strut wall thickness to radius as much as possible,
though it is believed that future failure analyses may put a lower limit on this ratio.
In Chapter 3, the localized effects around the attachment points of actuators on
a deformable mirror were minimized. Beam bendifig theory was applied in order to
obtain an ideal bending shape for the mirror's face sheet. Next, a parameterized finite
element model of a section of the mirror was built in order to study the effects caused
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by expansion of a single actuator. The dimensions of the standoff posts connecting
the actuators to the face sheet were varied, and the finite element model results were
compared with an ideal deformation shape obtained from beam bending theory. This
comparison was achieved using the method of least-squares and the coefficient of
multiple determination. The results showed that, for this particular mirror design,
setting the post width roughly equal to the mirror thickness minimized the deviation
of the face sheet deformation from the ideal shape.
Finally, Chapter 4 discussed designing space telescopes to withstand launch loads.
This chapter introduced the Load Cycle Process, a structural design process recom-
mended by the Aerospace Corporation and used by the United States Air Force. An
overview of the various loads encountered during launch was also given. A quasi-static
launch load analysis procedure was implemented for a single MOST hexagonal mirror
segment. However, problems in the finite element model concerning the calculation of
maximum stresses have so far prevented the model from being used for evaluating and
modifying the design of the structure. Once the model is modified to give trustworthy
stress results, it could also be used in a dynamic launch load analysis procedure that
was identified in that chapter.
5.1 Suggested Future Work
Though several conclusions were reached in this thesis, the results obtained also
suggest many possibilities for future study. In each of the of the three main topics
covered, plenty of questions remain that may be answered through further research.
Due to its relative simplicity, a thorough optimization was performed for the tripod
SST design discussed in Section 2.2, However, due to their higher level of complexity,
the baffle frames discussed in Section 2.3.2 were not analyzed to the same degree as the
tripod, so it may be possible to optimize these designs further. For instance, it may be
beneficial to vary the strut cross-section dimensions relative to the ring dimensions. It
may also be possible to strategically add crossbars to eliminate fundamental vibration
modes, as was done for the tripod in Section 2.2.3. In addition, even though several
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designs were studied in Chapter 2, this is by no means an exhaustive selection of SST
designs. Analysis of more designs would be easily accommodated by the modular
program architecture of the MOST model generation code.
In the analysis of the flat deformable mirror discussed in Section 3, only the top
and base widths of the actuator standoff posts were varied. For future analyses of this
problem, several parameters remain that, if varied, may reduce the localized effects
even further, such as the distance between the posts, the post height, and the face
sheet thickness. Furthermore, a full trade space analysis would be relatively easy to
implement in the current parameterized model.
Perhaps the most important source of future work provided by this thesis is in the
area of launch loads. As it currently stands, the quasi-static mirror segment finite
element model does not provide reliable maximum stress results, as demonstrated
in Section 4.3.3. Initial efforts should focus on revamping the finite element model
to provide reliable stress results at the high-stress locations in the model. Once
this is achieved, the model can be used for trade studies to optimize the mirror
segment design. The model can also be integrated into the mathematical framework
for dynamic analysis discussed in Section 4.4, and the results from this analysis can
be compared with the results obtained from the quasi-static analysis. Finally, once a
satisfactory level of trust in the results of these analysis methods has been achieved
for the mirror segment, then they can be used in the design and evaluation of other
components of MOST as well.
5.2 Contributions
This thesis discusses several methods for designing and optimizing lightweight space
telescopes. Each chapter provides its own unique contributions to this discipline.
In Chapter 2, the parameterized MOST model is used to analyze and compare a
large selection of different SST structural designs. Due to the MOST model generation
code's modular structure, this is achieved easily with little modification to the code
used to generate the rest of the telescope model. In addition, a method of raising
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the fundamental frequency of a structure by canceling out the fundamental vibration
mode is also introduced. This is achieved by first observing the fundamental mode of
the structure, then adding structural elements in such a way that the deformations
present in this mode are constrained.
In Chapter 3, in order to determine the severity of localized effects around actuator
standoff posts, the least-squares method is used to fit a quadratic curve, which had
been identified as the ideal deformation shape through beam bending theory, to the
deformation data from a finite element model of a mirror face sheet. The level of
deviation of the deformation data from the ideal shape is quantified through the use
of the coefficient of multiple determination. Though the coefficient obtained for each
model configuration tested is extremely high, clearly defined trends are nevertheless
present, and lead to identification of an optimum post base width.
Finally, Chapter 4 serves as a high-level reference for designing spacecraft to sur-
vive launch loads. Though the Load Cycle Process and the various sources of launch
loads have been described in several other references, this chapter combines this in-
formation with practical examples that show how a designer may choose to initiate
the preliminary design of spacecraft structures.
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Appendix A
Quasi-Static Analysis Results
This appendix includes all of the maximum plate element stress results from the quasi-
static launch load analyses discussed in Section 4.3. The graphs show the results for
all model versions.
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Appendix B
Principal Stresses at Selected
Locations on the Mirror Segment
Model
This appendix includes the principal stresses of several locations on the hexagonal
mirror segment model as a function of model fidelity. This analysis is discussed in
Section 4.3.4. Figure B-1 shows the locations on the model at which the stresses were
obtained. Each results plot (Figures B-2 through B-8) shows the major and minor
principal stresses on both the top and bottom sides of the element at one of these
locations.
Figure B-1: Locations on the mirror segment model at which the principal stresses
were obtained. The cantilever points are located at the lower edge of the segment.
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Glossary
CFRP: Carbon fiber reinforced plastic, a filamentary composite material, 33
DyODe: Dynamic Optical Design, a method in which structural dynamic phase
information is incorporated into optical design [27], 23
GMT: Giant Magellan Telescope, 23
GSE&I: General systems engineering and integration, 86
IV&V: Independent verification and validation, 86
MAC: Mass acceleration curve, a relation that defines the design limit load factor
as a function of component weight, 94
MECO: Main engine cutoff, 92
MOST: Modular Optical Space Telescope, a parameterized design used to develop
technologies for future generations of space telescopes, 20
OTA: Optical telescope assembly, the portion of a MOST telescope that contains
the mirrors that deflect incoming light to the instruments, 30
S/C: Spacecraft, 92
SECO: Second engine cutoff, 92
SST: Secondary support tower, the structural part of the OTA that holds the sec-
ondary mirror in line with the primary mirror, 30
TPF-FFI: Terrestrial Planet Finder Free Flying Interferometer, 22
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balanced laminate: A filamentary composite laminate in which, for each off-
axis +0 ply, there is a -0 ply, with the exception of 0' and 90' plies, 40
bus: The portion of a MOST telescope that contains the instrument payload as
well as all other necessary spacecraft systems, such as solar panels and reaction
wheels, 30
filamentary composite: A composite material consisting of long fibers bound
together by a matrix material, 33
ignition overpressure pulse: a pressure wave generated by the difference in pres-
sure between the launch vehicle's rocket exhaust and the surrounding atmo-
sphere, 89
laminate: A plate formed from multiple filamentary composite plies; the arrange-
ment of the plies' fiber angles will have a large effect on the properties of the
laminate as a whole, 36
launch vehicle organization: the organization responsible for delivering the space-
craft into orbit; typically, the launch provider provides a launch service, which
includes launch site facility use, integration, an other relevant services in addi-
tion to providing a launch vehicle, 85
load cycle: a coupled-system analysis performed by the launch vehicle organization
in order to predict the internal loads both the spacecraft and launch vehicle will
face during critical launch events, 87
load recovery equations: equations that convert structural responses to internal
loads, stresses, and deflections, 87
mode survey test: a hardware test in which shakers and accelerometers are
used to determine the vibration modes, frequencies, and damping values of
a structure [28], 87
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node (vibration): a point in a vibration mode that experiences no deflection due
to excitation of that mode, 44
ply: A single sheet of uniaxial filamentary composite; multiple plies may be bonded
together to form a laminate, 36
primary payload: the payload of the launch vehicle's primary customer; the launch
vehicle's primary objective is to deliver the primary payload to orbit, though it
may also deliver secondary payloads if capacity and launch trajectory allow, 86
primary structure: a spacecraft structure designed to be a main load-bearing
element during launch, 93
quasi-isotropic composite: A filamentary composite material in which the plies
are arranged in such a way that the material's elastic properties are isotropic;
note that this isotropic behavior does not extend to the material's failure prop-
erties, 36
secondary structure: a spacecraft structure designed to perform some task other
than acting as a main load-bearing support, 93
spacecraft organization: the organization designing the spacecraft to be delivered
to orbit; the launch vehicle organization's customer, 85
uniaxial composite: A filamentary composite in which all fibers are parallel, 34
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